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Preface

This book arose from a need for an automotive engineering textbook that included analysis,
as well as descriptions of the hardware. Specifically, several courses in systems engineering
use the automobile as a basis. Additionally, many universities are now involved in collegiate
design competitions such as the SAE Mini Baja and Formula SAE competitions. This book
should be helpful to such teams as an introductory text and as a source for further references.
Given the broad scope of this topic, not every aspect of automotive engineering could be
covered while keeping the text to a reasonable and affordable size.

The book is aimed at third- to fourth-year engineering students and presupposes a certain
level of engineering background. However, the courses for which this book was written are
composed of engineering students from varied backgrounds to include mechanical, aeronau-
tical, electrical, and astronautical engineering. Thus, certain topics that would be a review for
mechanical engineering students may be an introduction to electrical engineers, and vice
versa. Furthermore, because the book is aimed at students, it sometimes has been necessary
to give only outline or simplified explanations. In such cases, numerous references have been
made to sources of other information.

Practicing engineers also should find this book useful when they need an overview of the
subject, or when they are working on particular aspects of automotive engineering that are
new to them.

Automotive engineering draws on almost all areas of engineering: thermodynamics and com-
bustion, fluid mechanics and heat transfer, mechanics, stress analysis, materials science, elec-
tronics and controls, dynamics, vibrations, machine design, linkages, and so forth. However,
automobiles also are subject to commercial considerations, such as economics, marketing,
and sales, and these aspects are discussed as they arise.

Again, to limit the scope of this project, several important automotive engineering concepts
are notable for their absence. Two examples notable for their absence are manufacturing and
structural design and crashworthiness. Neither of these topics was omitted because the topics
were deemed unimportant. Rather, they did not fit the particular curriculum this book tar-
geted. In short, topics that have been omitted are not intended to slight the importance of the
topics, but choices had to be made in the scope of the text.

The book has been organized to flow from the source of power (i.e., engine) through the
drivetrain to the road. Chapter 1 is a brief and selective historical overview. Again, topics for
Chapter 1 had to be limited to keep the scope reasonable, and the intent was to show the
progression of automotive engineering over the last 100 years. Undoubtedly, readers will
find several topics absent from the historical overview. Again, the absences are not intended
to minimize the importance of any development, but to limit the size of Chapter 1.
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Chapter 2 contains an overview of the thermodynamic principles common to internal com-
bustion engines and concludes with an extensive discussion of fuel cell principles and their
systems. The differing operations of spark ignition engines and compression ignition engines
are discussed in Chapters 3 and 4, respectively. Because many diesel engines now employ
forced induction, the topic of turbo- and supercharging is discussed in Chapter 4 as well.
Chapter 5 covers the ancillary systems associated with the engine and includes belt drives, air
conditioning, and the starting and charging systems.

Transmissions and drivelines are the topic of Chapter 6. This chapter includes discussion and
analysis of both manual and automatic transmissions, driveshaft design, and four- and all-
wheel-drive systems. The steering system is discussed in Chapter 7 and includes basic tech-
niques for analyzing vehicle dynamics and rollover. The suspension system is discussed in
Chapter 8, and basic models are provided as first-order analysis tools. The suspension system
is another topic that is worthy of a textbook in itself, but Chapter 8 provides students and
practicing engineers with several references to more detailed models and analysis techniques.
Brakes and tires are the topic of Chapter 9, and Chapter 10 discusses vehicle aerodynamics.

Because computer modeling is becoming increasingly important for the automotive engineer,
Chapter 11 discusses matching transmissions to engines and provides a link to a computer
model that is useful for predicting overall vehicle performance. Chapter 12 concludes the
book with two case studies chosen to highlight the advances made in automotive engineering
over the last century. The first case study is the Vauxhall 14-40, a vehicle that was studied
extensively by Sir Harry Ricardo in the 1920s. As a point of comparison, the second case
study is the Toyota Prius, which represents cutting-edge technology in a hybrid vehicle.

The material in the book has been used by the authors in teaching an automotive systems
analysis course and as part of a broad-based engineering degree course. These experiences
have been invaluable in preparing this manuscript, as has been the feedback from the stu-
dents. The material in the book comes from numerous sources. The published sources have
been acknowledged, but of greater importance have been the conversations and discussions
with colleagues and researchers involved in all areas of automotive engineering, especially
when they have provided us with copies of relevant publications.

We welcome criticisms or comments about the book, either concerning the details or the
overall concept.

Richard Stone
Jeff Ball
Autumn 2002
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CHAPTER 1

Introduction and Overview

1.1 Beginnings

In June 1895, the Honorable Evelyn Henry Ellis arrived at Southampton from Paris and pro-
ceeded to drive his freshly crafted Panhard et Lavassor motor vehicle to his country home—
a distance of 56 miles. He thus made history as the first person to drive an automobile in
England. He also covered the distance in 5 hours and 32 minutes, excluding stops, which
gave him an average speed of 9.84 mph (Womack et al., 1991). In doing so, he entered the
history books as the first automotive lawbreaker, because the legal speed limit in England at
the time was 4 mph. This speed was mandated by what was known as the “Flag Law.” In
addition to limiting the speed of self-propelled vehicles, the Flag Law required the operator to
have a runner precede the vehicle, waving a red flag to warn pedestrians of the approach of
the vehicle. At night, the red flag was replaced by a red lantern.

However, Mr. Ellis was not by nature a lawbreaker, and his extreme speed had a purpose. Mr. Ellis
was, in fact, a member of Parliament, and by 1896, he had successfully encouraged Parlia-
ment to repeal the Flag Law. The new law increased the national speed limit to 12 mph and
dispensed with the flagman. To celebrate their victory, Mr. Ellis and several enthusiasts
organized an “Emancipation Run” from London to Brighton on November 14, 1896 (4utocar,
1996), and many of the vehicles engaged promptly violated the new speed limit.

Although the Flag Law in England gives some insight into the general public’s hesitation over
this new technology, this hesitation faded rapidly. The first automotive magazine, Autocar,
began publication in 1895—the same year as the first British auto show (Autocar, 1996). The
British automotive industry rose quickly to prominence, led by Daimier in 1896, and Ford
and Vauxhall in 1903. Over a few decades, this industry would spawn some of the most
coveted makes of cars in the world, such as Rolls-Royce, Bentley, MG, Triumph, and Jaguar.

Meanwhile, across the Atlantic, the arrival of the automobile in the United States was greeted
with a strange mixture of loathing and curiosity. The clanking, hissing monsters of the late
1800s often were met by cries of “Get a horse!” Many states also passed legislation that
required automobile operators to take their cars apart and hide them in the woods when a
horse approached (Clymer, 1950). Several states considered laws requiring drivers to stop
every ten minutes and fire a Roman candle as a warning, but no record exists that such laws
were actually passed. U.S. President Woodrow Wilson proclaimed the automobile to be
“such an ostentatious display of wealth that it would stimulate socialism by inciting envy of
the rich” (Rae, 1965). The general public’s reaction also ranged to great curiosity. In
1896, the Barnum and Bailey circus displayed a Duryea vehicle in its sideshow, and the
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vehicle received more attention than the usual sideshow fare of bearded ladies and so forth
(May, 1975).

It also is an odd fact of history that the United States had to reinvent the automobile for itself.
The Europeans had solved the problem of powering a vehicle with an internal combustion
engine in the 1880s, and France took the early lead in automobile production in the 1890s
(May, 1975). It is generally accepted that automobile development in the United States until
the turn of the century was 10 years behind the Europeans (Rae, 1965). Why this occurred is
a mystery, because the Unitd States certainly had access to European developments and the
requisite mechanical and engineering talent. One possible explanation is the daunting pros-
pect of automobile travel in a land of vast distances with poor roads.

Despite the less than enthusiastic response to the automobile, the idea slowly caught on.
Exactly who was the first to drive an automobile in the United States is a point of contention.
Frank and Charles Duryea successfully drove a single-cylinder car through the streets of
Springfield, Massachusetts, in 1893, and this is generally regarded as the first operation of an
automobile in the United States (May, 1975). This claim ignores several early experiments
that have been regarded by historians as unproductive.

One example of the misfortunes of early automotive engineers is provided by the experiences
of Albert and Louis Baushke of Benton Harbor, Michigan, and is outlined by May (1975).
Together with William O. Worth, they received a patent for a gasoline engine on June 17,
1895. Their idea was to use the engine to power a horseless carriage, an idea on which they
claimed to have worked since 1884. The local newspaper, the Benton Harbor Palladium,
caught wind of their efforts and, by November 1895, wrote that their vehicle was “ready for
tests of speed, safety, convenience, and practicability.” The Baushkes announced the forma-
tion of the Benton Harbor Motor Carriage Company, and the Palladium enthusiastically pre-
dicted fame and fortune “when these motor carriages are turned out in quantities for the
market.” A January 1896 story reported a successful test run of the vehicle at speeds of “from
1 to 23-1/2 miles per hour.”

What happened next is somewhat murky, but on February 8, 1896, the Palladium reported
that Mr. Worth claimed that the Baushkes had failed to produce a practical engine for his
carriage. The story went on to say that the earlier reports by the Palladium regarding the
performance of the vehicle were false, and that the vehicle actually had remained in the factory,
“a subject of ridicule and a spectacle of folly.” Nothing more was heard from the Baushkes,
although Mr. Worth continued his efforts in the automobile industry. He attempted another
vehicle with Henry W. Kellogg of Battle Creek, Michigan, and together they formed the
Chicago Motor Vehicle Company, with Worth as president and Kellogg as treasurer and super-
intendent. A picture of a delivery vehicle appeared on company letterhead, but no record
exists that the company actually produced any vehicles. Henry Kellogg’s 1918 obituary makes
no mention of his career as an automotive executive, further attesting to the company’s lack
of success. These unfortunate men are only a few of the early pioneers who failed in their
attempts to produce practical automobiles.
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Even the year in which automobile production began in the United States is debated. Some
historians declare 1896 as the first year of U.S. auto production because the Duryea brothers
produced 13 identical cars for sale to customers that year. Other historians claim that 1897 is
the rightful “first year,” as it marked the first year of major production by several producers,
including Pope electrics, Stanley steamers, and Olds and Winton gasoline-powered vehicles
(Rae, 1965).

Leaving for now the debate over whom was first to the historians, it can be safely stated that
by the turn of the century, the fledgling U.S. automotive industry was firmly established, and
public acceptance of the car was on the rise. As the new century dawned, the prospective
automobile buyer was presented with a dizzying array of choices: electric, steam, or gasoline
power. If the choice was gasoline, should it be air-cooled or water-cooled? Four-stroke or
two-stroke? Electric, friction, or chain transmission? Part of the reason for the numerous
choices is that from the turn of the century through World War I, automobile companies
sprouted like weeds in a flower bed. Unfortunately, many of them disappeared just as quickly
(Rae, 1965).

By the end of World War I, the supremacy of the gasoline-powered engine was assured, but at
the turn of the century, this was not a given. Colonel Albert A. Pope, founder of the Pope
Manufacturing Company, predicted the imminent demise of the gasoline engine because,
“You can’t get people to sit over an explosion” (Rae, 1965). The fact that the Pope Manufac-
turing Company produced an electric vehicle called the Columbia undoubtedly biased his
assessment.

Steam-powered cars had strong support at this time. Thanks to the railroad industry, there
was a wealth of experience with steam engines. The steam engine of that period also pro-
duced more power and did not require a complicated transmission, and numerous “experts”
were quite confident that ordinary people would never learn how to shift gears. The success
of the Stanley steamer also added credence to the arguments in support of steam power. How-
ever, steam power had some significant disadvantages. First, there was an ever present fear of
boiler explosions, despite the weight of evidence against such failures. A lightweight steam
engine that operated with pressures of 600 psi also required skilled maintenance, thus making
it unsuitable for mass consumption (Rae, 1965). Finally, although sources of soft water were
abundant in the Northeast, steam travel through the desert Southwest of the United States
would have required construction of a water supply infrastructure similar to the railroad sta-
tions in existence at that time (Rae, 1965).

This period from 1900 to World War I saw great strides in automotive production and design.
Ransom Olds began production of the Curved Dash Olds in 1901, and it became the first truly
successful vehicle in the United States. Henry Leland, founder of Cadillac, became renowned
for precision parts. In 1908, the Royal Automobile Club of England selected three Cadillacs
at random from a shipment of eight. The three cars were disassembled, the parts were
thoroughly mixed, and three cars were reassembled. For this, Henry Leland and Cadillac
received the Dewar Trophy, the highest award for automotive achievement (Motor Trend, 1996).



4 | Automotive Engineering Fundamentals

This period also saw the application of electrics to vehicles. Several methods of ignition were
used in carly gasoline engines, including hot tubes and sparks. Until 1912, spark ignition was
provided by a trembler coil, as shown in Fig. 1.1. The system used a set of contacts that
responded to the magnetic field in the primary coil, and these contacts made and broke the
primary circuit (Johnston, 1996). The resulting action of the contacts was a sort of vibratory
motion, hence the name trembler coil. The demise of the trembler coil began in 1908 when
Charles Kettering developed the breaker point, or Kettering, ignition system shown in Fig. 1.2.
This system used cam-driven contacts to interrupt the primary circuit, which resulted in a
single spark being produced to ignite the mixture rather than the steady stream of sparks
produced by the trembler coil.
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Figure 1.2. Ketterings sketch of the breaker-point
ignition system (Johnston, 1996).
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A second major electrical innovation of this period was the electric starter. Until this time,
engines were started with a hand crank at the front of the vehicle. The process required the
operator to manually retard the ignition timing, usually with a lever on the steering column. If
the operator failed to do this, the crank handle could kick back and cause serious injury to the
operator. Byron Carter, builder of the Cartercar and a friend of Henry Leland, stopped to
assist a lady who was having difficulty starting her car. The handle kicked back, breaking
Carter’s jaw. Gangrene set in, and he died several days later (Rae, 1965). Henry Leland was
determined that such accidents would not happen again, and he directed Kettering, an engi-
neer with Cadillac, to develop a solution. Kettering’s solution was the electric starter, a
system that remains in use to this day. Obviously, the starting and ignition systems produced
by Kettering required a power source, and during this time, he also was busy developing a
generator-battery system for electrical power.

One of the biggest developments during this period was the mass production system. Henry
Ford did not invent the moving assembly line—he claimed his inspiration was a meat packing
plant where he watched hog carcasses being disassembled as they moved past workers on a
chain (Motor Trend, 1996). Nor did he invent interchangeable parts. His success was spawned
by his application of both to the manufacture of automobiles. Ford was a shrewd individual
and realized he could not implement an entire assembly line for a car all at once. Instead, in
1913, he set up a moving assembly line to make magnetos. Rather than having a single
worker spend 20 minutes assembling a magneto, he had a conveyor move the assemblies past
a series of workers, each of whom performed one or two steps in the process. Once perfected,
his assembly line could produce a magneto in 5 minutes. Ford continued to improve his
assembly line until, by October 1913, an entire Model T could be assembled in slightly less
than 3 hours. By April 1914, assembly time on the Model T had dropped to only 93 minutes.

Ford constantly looked for ways to save time. He found that he could eliminate a bracket by
extending the frame slightly. Because the bracket took a worker a minute to install, this saved
3,300 hours of assembly labor over a run of 200,000 cars. This also was the motivation
behind Ford’s statement that the customer could have any color he or she wanted, as long as
it was black. By 1917, Ford’s line was moving at such a rapid pace that production was
slowed by the time it took for the paint to dry on the body. Ford found that black Japan
enamel was the only paint that would dry quickly enough for his line to maintain its pace
(Motor Trend, 1996).

Ford’s success with the Model T was due to three factors. First, the car was designed for the
mass production assembly line. As already noted, he continually tinkered with his design to
shave time off the assembly process. As a result, by 1914, he was able to produce 200,000
cars while reducing his payroll from 14,336 to 12,880 employees (Motor Trend, 1996).

Ford’s second stroke of genius was to design the Model T for the roads of the day. Having
grown up on a farm, Ford appreciated the fact that a vehicle needed to be able to traverse
rough, unimproved terrain, which basically described most of the roads of the day. His vehicle
had a high ground clearance and a fairly flexible frame that enabled the wheels to maintain
contact with the ground in rough terrain.
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Finally, on January 5, 1914, Ford announced that the standard wage for a Ford worker was
$5 per day, and the standard shift was reduced from 10 hours to 8 hours. Ford was not being
altruistic; he was being shrewd. The 8-hour shift meant that the factory could run 3 shifts
24 hours per day instead of 2 shifts for 20 hours per day. Until that time, cars really were a
conveyance for the wealthy. With the huge wage Ford paid, he created a middle class of
consumers who could afford to buy the cars they built. Thus, he created his own market for
his product, and he became both rich and famous as a result.

While Ford was busy making a car for the common man, William Crapo Durant was busy
trying to harness several automakers into one corporation. Durant knew very little about
manufacturing in general or the car business in particular, but he was a dynamic businessman
who was not averse to taking risks. He began his career by taking control of the Buick Motor
Company in 1904 and promptly returned it to profitability (Rae, 1965). In 1908, he began
negotiations to buy four companies, including REO, the Olds Motor Works, and the Ford
Motor Company. Talks fell through when Henry Ford demanded payment in cash, but Durant
continued his quest and eventually Olds joined the Durant stable. In 1909, Durant added the
crown jewel to his mix—Cadillac (May, 1975). Durant also gained control of several lesser
companies, but his claim to fame was his success in organizing this disparate bunch of com-
panies into General Motors.

Durant made another attempt to buy Ford in 1910, and this time Henry Ford compromised on
his demand for cash. Durant needed $2 million in a hurry, and all seemed to be going accord-
ing to plan. However, at the last minute, the National City Bank of New York, which had
promised the money, withdrew the offer under the direction of its loan committee, and the
opportunity was lost. The year 1910 also saw a dip in demand for autos in general, but
especially for Durant’s collection of high-priced, low-volume Buicks, Oldsmobiles, Oaklands,
and Cadillacs. The board of directors was concerned that Durant’s policies had left GM
overextended due to its rapid expansion, and Durant was unceremoniously dumped.

Dumped, but not finished. In 1911, Durant teamed with Louis Chevrolet to form the Chevrolet
Motor Car Company (Rae, 1965). They produced a car for the masses and, by 1915, were
challenging the dominance of the Ford Model T with their Chevrolet 490—so named because
it was supposed to sell for $490. The success of the Chevrolet company led Durant to offer
the company in exchange for GM stock, which at that time was not paying dividends. With
support from the DuPont family, the deal went through in 1916, and Durant again found
himself in control of GM, where he remained until the ascension of Alfred Sloan in 1923.

1.2 Growth and Refinement

By 1920, the car was a common fixture on both sides of the Atlantic, and automakers began to
focus on improved performance for their vehicles. Cadillac had introduced the V-8 engine in
1915 (Fig. 1.3), and by 1916, eighteen companies were producing V-8s (Rinschler and Asmus,
1995). Packard introduced the straight eight in 1923, and by 1930, Cadillac introduced its
7.4L V-16. Engine performance was greatly improved with the development of the turbulent
head by Harry Ricardo shortly after World War I (Fig. 1.4). The turbulent head aided combustion
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Figure 1.4. The Ricardo turbulent head (bottom), compared to a standard L-head
of the period (top) (Rinschler and Asmus, 1995).
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and allowed engines to operate at a higher compression ratio, a definite advantage given the
low octane rating of fuels at the time. More details on the Ricardo head are given in the case
study of the Vauxhall 14-40 presented in Chapter 12.

This period also saw significant improvements in braking, lighting, tires, and windshields,
and there was a dramatic shift in buyer preference toward closed cars. Until 1920, most cars
were open-topped vehicles, which had obvious negative implications for driving in bad weather.
The enclosed car isolated the occupants from rain, snow, and dust, but it also provided advan-
tages in safety. Early closed vehicles had roofs made of fabric-covered wooden frames. In an
accident, occupants sometimes were ejected through the roof (Yanik, 1996). Thus, work
began on developing a steel roof. This was no small feat, as initial attempts with flat steel
roofs produced a drumming sound when traveling. Harley Earl solved the problem by curv-
ing the roof, and GM put his invention into production as the “Turret Top” in 1935 (Fig. 1.5).
The enclosed, all-steel vehicles also prompted the first use of safety to market automobiles,
and rollover tests such as those shown in Fig. 1.6 were used as advertisements to demonstrate
the safety and sturdiness of such vehicles.

The 1930s also saw the advent of crash testing. General Motors used a test driver standing on
the running board, who would direct the car down a hill toward a wall, jumping off at the last
moment (Yanik, 1996). The only analysis that could be made at that time was to observe the
resulting damage. Of course, the main event in the 1930s was the Great Depression, which
brought a huge drop in demand for cars. Automakers were forced into a survival mode, and
many automakers did not survive this period, notably Marmon, Peerless, Duesenberg, Cord,
Auburn, Graham, Hupp, and Stutz.

Figure 1.5. Fisher Body plant manufacturing
“Turret Tops " in 1935 (Yanik, 1996).



Introduction and Overview 9

|
| W g A R T B _.__._.___‘,‘_.1!‘_'_

Figure 1.6. A4 rollover test in the 1930s, which demonstrated the advantages
of an all-steel enclosure (Yanik, 1996).

1.3 Modern Development

World War II brought a halt to auto production in the United States as automakers switched to
wartime materiel production. However, the halt was only temporary. At the conclusion of the
war, not a single U.S. factory had been bombed. The same could not be said for Europe.
Thus, American engineers in 1946 could immediately update their products, and the U.S.
factories began churning out vehicles quickly. The four-year hiatus in auto production also
created a pent-up demand for new vehicles, which spurred enormous growth in the U.S.
economy.

The 1950s found the U.S. auto industry leading the world, and the cars reflected this general
attitude. Cars were bedecked with ever more chrome trim, and tailfins rose in height until the
1959 Cadillac presented a practical limit to fin height. The Corvette was introduced in 1953
and has continued as “America’s Sports Car” to this day. In 1955, Chevrolet introduced the
now-famous “small-block” V-8. Initially, this was a 265-cubic-inch carbureted engine adver-
tised at 180 hp (4utocar, 1996). The impact of this engine cannot be overstated. Until that
point, the fastest cars also were the most expensive. Thus, a Cadillac could outrun a Buick,
and so on down the cost ladder. The small-block V-8, under the workings of a skilled engine
tuner, suddenly was enabling bargain-priced Chevys to outperform Cadillacs and Lincolns.
Even today, 1950s-era cars with small-block Chevy engines are solid performers at the track
(Fig. 1.7).

The good times for U.S. automakers continued into the 1960s, which saw the “horsepower
race” begin in earnest. As early as 1963, every manufacturer had a 426- or 427-cubic-inch
engine on its option lists and advertised horsepower ratings that climbed above 400 hp. How-
ever, these numbers were “gross” ratings, meaning that when the engine was run on the dyna-
mometer, all accessories were removed, including alternators, air conditioning compressors,
oil and water pumps, and so forth. The Society of Automotive Engineers (SAE) finally stepped
in with engine test standards and mandated all horsepower ratings to be given as SAE net. In
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Figure 1.7. A 1955 small-block Chevrolet staged at a drag strip.
Courtesy of Mr. Martin Bowe.

other words, the engine on the test stand was required to be identical to the installed engine—
all accessories and pumps were to be driven by the engine.

The 1960s also saw increased attention placed on automotive safety. General Motors pio-
neered the collapsible steering wheel column, which absorbed energy in an impact rather than
spearing the driver, and the innovation soon appeared on other makes (Yanik, 1996). Other
safety-related innovations included the clutch/starter interlock, auto-locking doors, and seat
belts. In 1962, GM developed a high-speed impact sled at its Milford proving grounds (Yanik,
1996). The sled allowed controlled simulation of accidents, and engineers at GM went on to
develop the head injury criteria (HIC) as a method of predicting when head injury was likely
to occur (Yanik, 1996).

On September 9, 1967, U.S. President Lyndon B. Johnson signed into law the National Traf-
fic and Motor Vehicle Safety Act, ushering in the era of government regulation of the automo-
bile industry. The act went into effect on January 1, 1968, and contained 19 standards covering
accident avoidance, crash protection, and post-crash survivability (Crandall et al., 1986). By
1974, the number of standards had grown to 46, but their effect was beginning to be felt, as
shown in Fig. 1.8. This figure illustrates the number of highway deaths in the United States
per 100 million vehicle miles.

Also during the postwar era, import cars began to make a showing in the United States.
Initially, the imports tended to be sports cars brought home by U.S. servicemen, with two-seat
British roadsters being a particular favorite. However, the 1970s brought new challenges to
the automotive industry in the form of oil shortages. As the price of gasoline soared, consum-
ers desperately wanted more fuel-efficient cars than Detroit was producing. Sales of imports
rose. Consumers bought them for their economy but then stayed with them for their quality,
particularly the Japanese vehicles. The Japanese auto industry made an attempt to broach the
U.S. market in 1958, when Toyota introduced the Toyota Crown. The car was woefully
underpowered, rattled at highway speed, and tended to boil over in the heat of Southern
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Figure 1.8. Highway deaths per 100 million vehicle miles
in the United States (Crandall et al., 1986).

California (Ingrassia and White, 1995). Toyota retreated from the U.S. market in 1960, but it
was far from defeated.

Toyota then looked to W. Edwards Deming for guidance. Deming was a management con-
sultant who mixed rigorous statistical and measuring methods with a management philoso-
phy that gave more power and responsibility to the workers (Ingrassia and White, 1994). The
result of Toyota’s implementation of Deming’s methods was the lean production system. The
details of this manufacturing system are beyond the scope of this text but are examined in
depth in the book by Womack et al. (1991). Nevertheless, the impact of the Japanese on
worldwide auto manufacturing cannot be overemphasized, and a brief explanation of the lean
production system is in order.

Until this point, all major manufacturers employed the mass production system. The system
depended on economies of scale and a constantly moving assembly line to produce cheap but
profitable cars. The implications of this are numerous, but for the purpose of example, a few
implications will be examined in the areas of the factory and designing the car. First, because
the system depended on a constantly moving line, parts were stockpiled in the factory to
ensure a ready supply at all times. This resulted in huge factories, with the extra space being
used to store the excess capacity of parts. Furthermore, if a particular batch of parts was
defective, the line workers were expected to attach the parts as best they could. Workers were
never able to stop the assembly line; such a prerogative rested solely with management. This
technique required a team of reworkers at the end of the line who would tear into the car to fix
any defects.
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To design and produce a car in the mass production system, several different departments
must work together, such as marketing, powertrain, chassis, and manufacturing. Within the
system, engineers would be assigned to work on specific projects, but those would not be
their only projects. Furthermore, they were still responsible primarily to their functional
chief as opposed to the vehicle project manager. Thus, the project manager on a particular
model found that he had the responsibility for developing the model but did not have the
authority required to move the process. These managers were in a position of coordinating
the efforts of a disparate group rather than managing a cohesive team.

Adding to the turmoil was the fairly sequential nature of the process. For example, the engi-
neers designing the car often would do so in isolation from the manufacturing engineers.
Thus, when the design was passed to manufacturing, it often was returned as a “no build,”
meaning that the design could not be built with current manufacturing tools. The design
engineers then would have to redesign the vehicle before passing the updated version to
manufacturing. This cycle could be repeated several times, with an accompanying slippage
in the timetable. Thus, it often would require five or more years to bring a new vehicle into
production, with an associated large increase in the cost of doing so.

To the Japanese, such practices were muda, or waste. They recognized that storing weeks’
worth of parts in the factory greatly increased overhead costs. Thus, they worked with their
suppliers so that parts were delivered to the factory “just in time.” Lean production factories
thus had only a few hours’ worth of parts available on hand. Furthermore, if a worker discov-
ered a defective part, that worker was able to immediately stop the line. Workers, managers,
and engineers would then try to discover the reason behind the defect, using a process known
as the “five whys” (Womack et al., 1991). The logic behind this was that simply passing
defects down the line was wasteful because it required a team of reworkers. A better solution
was to get to the source of the defect and fix it, thus removing the problem permanently.
Suppliers also were involved in the process because they were the ones who produced the
parts. Because the system still required a constantly moving assembly line, increased pres-
sure was placed on suppliers to provide parts with no defects, precisely when those parts were
needed. The result of this process was to produce economical cars of extremely high quality.

As for designing the car, the Japanese took the sensible step of forming teams from all func-
tional departments under the authority of the product manager. The engineers from all depart-
ments, with manufacturing, marketing, styling, and so forth, worked side by side throughout
the product development process. As a result, “no build” situations could be resolved on the
spot, significantly reducing the time and expense required to design a new vehicle. In fact, by
the 1980s, Toyota’s development cycle was down to 36 months (Womack et al., 1991). The
lean production system has since been adopted by all U.S. producers and can rightly be called
a revolution in the auto industry. Again, this short synopsis should not be construed as mini-
mizing Japanese contributions, and the interested reader is referred to Womack’s book for a
complete discussion of the lean production system.

Returning to the 1970s, U.S. automakers faced a serious challenge from the imports, as well
as increasing government regulation of fuel economy and emissions. The pace of legislation
and the solutions found by automakers to keep pace are discussed in Section 3.5.
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Another interesting facet of postwar automobile production is the divergent paths taken by
the U.S. and European auto industries. In Europe, the mainstream vehicle became smaller
and lighter and emphasized handling. In the United States, the mainstream vehicle became
large and powerful and emphasized straight-line speed and stability. One reason for this
disparity in design is found in the road systems developed on the two continents. In Europe,
the road system predated the automobile by several centuries. The roads that existed thus
were designed for pedestrian traffic or, at best, horse-drawn traffic. When the car arrived,
common sense dictated that the existing roads should be covered with asphalt. This resulted
in “narrow, winding roads, blind turns, and hidden entrances” (Olley, 1946). The nature of
the roads thus required “small, bantam-weight cars with the agility of a dancer and what is
know as ‘flashing performance’ ” (Olley, 1946).

Conversely, in the United States, the car preceded the road system. Road designers thus were
at liberty to select both the preferred path between points as well as the width of the road
itself. The interstate highway system that was developed in the 1950s is a prime example.
The highways between cities were built as straight as possible and were constructed with
multiple, divided lanes, each lane being approximately 12 feet wide. Furthermore, the dis-
tances between cities are significantly longer than those in Europe. The distance covered in
driving across the state of Texas on Interstate 10 is only a few miles less than the distance
from Lands End to John O’Groat in the United Kingdom——a favored trip for cyclists because
it is the longest trip one can take within the United Kingdom. This implies that the design of
cars in the United States “departed from the qualities of nimbleness or handiness...the empha-
sis is now all on directional stability” (Olley, 1946).

Regarding the size and power of American engines, this has everything to do with what the
motorist pays for fuel. Contrary to popular belief, the U.S. driver pays approximately the
same amount for a liter of fuel as a motorist in Europe. The large price discrepancy is due
solely to the level of taxation placed on fuel by the respective governments. Figure 1.9 shows
the levels of taxation.

As Fig. 1.9 shows, the cost of a liter of gasoline is roughly $0.30 in the United States and
Europe, with the exception being Japan, where the cost of gasoline is $0.44 per liter. Another
way of looking at this data is to calculate the percentage of the fuel cost devoted to taxes, as
shown in Fig. 1.10.

As shown in Fig. 1.10, the United Kingdom has the highest level of fuel taxation, at 75%,
whereas the United States has the lowest, at 26%. Whether a high taxation level is good or
bad is a political debate and is beyond the scope of this text. From a motorist’s perspective,
the low taxation level generally is applauded. However, the drawback to the U.S. taxation
policy is that market fluctuations in the price of crude oil are drastically reflected at the gas
pump. For example, during the summer of 2001, gasoline prices in Colorado averaged nearly
$2.00 per gallon for unleaded fuel. By the fall of 2001, the price had fallen to near $1.10 per
gallon. This has a profound effect on product planners in the U.S. auto industry. When gas
prices neared their peak, the demand for large vehicles with V-8 engines dropped, with prices
for used vehicles of such size. Conversely, as the price of gasoline falls, the demand for such
large vehicles again rises. This makes forecasting difficult for any auto manufacturer, and
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Figure 1.9. Breakdown of gasoline prices, as of September 2000.
(International Energy Agency, “Energy Prices and Taxes, Quarterly Statistics”)
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Figure 1.10. Percentage of gasoline cost due to taxes, as of September 2000.
(International Energy Agency, “Energy Prices and Taxes, Quarterly Statistics ")
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one needs to look only at the U.S. auto industry in the late 1970s to understand the impact of
failing to predict market trends.

The effect of emissions legislation on American cars was a reduction in compression ratio,
which led to a decrease in performance. The market conditions of the late 1970s nearly
caused the U.S. “Big Three” automakers to go under, and Chrysler resorted to a $1.5 billion
loan guaranteed by the U.S. government to stay alive. Times improved, in large part due to
advances in technology. By the end of the 1980s, the carburetor was replaced by electroni-
cally controlled fuel injection systems. This represents the latest revolution in automotive
design—the increasing use of digital electronics to control all aspects of the functions of cars.
Today’s cars perform better than their predecessors of the 1960s, while getting better fuel
economy and producing far fewer emissions. Digital computer control has allowed the imple-
mentation of safety devices such as antilock brake systems (ABS), stability and traction con-
trol systems, and air bags. Computer aided design (CAD) and finite element analysis (FEA)
have allowed engineers to create stronger, lighter bodies that are designed to absorb energy in
an impact while protecting the occupants. One example of the advances in automotive engi-
neering is brought out by comparing the performance of new vehicles in tests such as the
standing quarter mile, as shown in Table 1.1. The performance of the average minivan today
1s comparable to the performance cars of the late 1950s. Such performance also depends on
the great advances In transmission technology and, above all, tire technology.

TABLE 1.1
PERFORMANCE COMPARISON
(MOTOR TREND, 1999)

0-60 mph 1/4 Mile

Year/Model Engine Transmission (sec) (sec/mph)

1955 Chrysler 300 331in.3  Three-Speed 10.0 17.6/82.0
300 hp Automatic

1956 Chevrolet Corvette  283in.3  Two-Speed 11.6 17.9/77.5
245 hp Automatic

1957 Chevrolet Bel Aire 283in.3  Two-Speed 9.9 17.5/77.5
270 hp Automatic

1957 Maserati 2000-GT 122in.3  Four-Speed 12.5 18.9/77 .1
150 hp Manual

1957 Jaguar 3.4 210in.3  Four-Speed 10.7 17.7/78.2
210 hp Manual

1958 Porsche Speedster 96 in.3 Four-Speed 10.1 18.3/73.7
88 hp Manual

1958 Ford T-Bird 352in.3  Three-Speed 10.5 16.8/81.3
300 hp Automatic

1999 Honda Odyssey 212in.3  Four-Speed 9.3 16.9/82.6

210 hp Automatic
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1.4 Overview

The purpose of this book is to give automotive engineering students a basic understanding of
the principles involved with designing a vehicle. Naturally, any attempt to provide a manual
for the complete, up-to-date design of a car would result in a huge book that would be
unaffordable to the average college student. Thus, this work focuses on “first principles,” be
they the principles of thermodynamics, machine design, dynamics, or vibrations, with a bit of
heat transfer and material properties added to the mix.

The book attempts to take a logical approach to the car and starts with the front end—namely,
the engine. The engine chapters (Chapters 2 through 5) begin with thermodynamic principles
and proceed through spark ignition and compression ignition engines. Chapter 5 is concerned
with the accessories driven by the engine, such as the lubrication system, cooling system, belt
drives, and air conditioning. Chapter 6 picks up at the flywheel and continues through the
transmission and driveline. Chapters 7 and 8 delve into steering systems, steering dynamics,
and suspension systems and their analysis. The complexity of these particular topics requires
the use of complex models for analysis. However, the reader is reminded again of the intro-
ductory nature of this work. Thus, all analyses in these chapters use highly simplified models
to illustrate basic principles. Direction is given in these chapters toward books of a more
specialized nature. Chapter 9 covers brakes and tires, including drum brakes, disc brakes, and
antilock brake systems (ABS). Chapter 10 introduces vehicle aerodynamics, and Chapter 11
is devoted to computer modeling of vehicle performance. Finally, the book concludes with a
chapter on alternative vehicles and provides two case studies. The first case study is of the
1922 Vauxhall 14-40, a cutting-edge vehicle in its day. This is compared to a modern vehicle
that represents current cutting-edge technology, the 1998 Toyota Prius.

In addition to providing an overview of some of the techniques used in automotive engineer-
ing, it is hoped that the student will come away from this book with an appreciation for the
automobile as a system. The modern automobile is more than the sum of its parts. Each
subsystem must work in harmony with the others, and the modern automotive market is quick
to discern vehicles that are merely a collection of independently produced parts. The engine
designer can ill afford to neglect the design of the transmission, for history is replete with
amateur engine tuners who do a marvelous job with the engine, only to promptly destroy their
driveline with their additional torque.



CHAPTER 2

Thermodynamics
of Prime Movers

2.1 Introduction

This chapter concentrates on reciprocating internal combustion (IC) engines because gas tur-
bines normally are not considered for automotive use. Although the adjective “reciprocating”
precludes Wankel engines, the thermodynamic operation of Wankel engines is no different
from reciprocating engines. This chapter concludes with an introduction to fuel cells. Enor-
mous effort is being devoted to applying fuel cells to vehicles. Therefore, it is important for
engineers not only to understand how they work, but to see how their efficiency compares
with conventional engines. The treatment of reciprocating engines covers their mechanical
operation, their representation by air standard cycles, and their ignition and combustion char-
acteristics (and thus the necessary fuel requirements), and it ends with a discussion of the gas
exchange processes. The treatment of gas exchange includes superchargers and turbocharg-
ers because these are applicable to both gasoline and diesel engines. Comprehensive treat-
ments of internal combustion engines can be found in Ferguson (2001), Heywood (1988), and
Stone (1999). Larminie and Dicks (2000) provides a good introduction to fuel cells.

2.2 Two- and Four-Stroke Engines

Internal combustion engines usually operate on either the four-stroke (one power stroke every
two revolutions) or two-stroke (one power stroke every revolution) mechanical cycle. The
four-stroke operating cycle can be explained by reference to Fig. 2.1.

1. The induction stroke. The inlet valve is open, and the piston travels down the cylinder,
drawing in a charge of air. In the case of a spark ignition engine, the fuel usually is pre-
mixed with the air.

2. The compression stroke. Both valves are closed, and the piston travels up the cylinder.
In the case of compression ignition engines, the fuel is injected toward the end of the
compression stroke. As the piston approaches top dead center (tdc), ignition occurs either
by means of a spark or by auto-ignition.

3. The expansion, power, or working stroke. Combustion propagates throughout the charge,
raising the pressure and temperature, and forcing the piston downward. At the end of the
power stroke, as the piston approaches bottom dead center (bdc), the exhaust valve opens,
and the irreversible expansion of the exhaust gases is termed “blow-down.”
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The four-stroke cycle sometimes is summarized as “suck, squeeze, bang, and blow.” Because
the cycle is completed only once every two revolutions, the valve gear (and any in-cylinder
fuel injection equipment) must be driven by mechanisms operating at half engine speed. Some
of the power from the expansion stroke is stored in a flywheel, to provide the energy for the
other three strokes.

The two-stroke cycle eliminates the separate induction and exhaust strokes, so that between
the expansion and compression processes, a scavenging process occurs. The simplest scav-
enging arrangement is under-piston scavenging, and this system can best be explained with
reference to Fig. 2.2. In the case of compression ignition engines, the fuel is injected toward

Fuel Injector/Spark Plug

Iniet Valve Exhaust Valve
Air — =\ \| / Products
(+ Fuel) —F

Connecting Rod

Crankshaft Sump

Figure 2.1. A four-stroke cycle engine.
Adapted from Rogers and Mayhew (1967).

The exhaust stroke. The exhaust valve remains open, and the piston travels up the
cylinder and expels most of the remaining gases. At the end of the exhaust stroke, when
the exhaust valve closes, some exhaust gas residuals will remain. These will dilute the
next charge.

the end of the compression stroke.

1.

The compression stroke (Fig. 2.2a). The piston travels up the cylinder, compressing the
trapped charge. If the fuel is not pre-mixed, the fuel is injected toward the end of the
compression stroke; ignition should again occur before top dead center. Simultaneously,
the underside of the piston is drawing in a charge through a reed valve.
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Figure 2.2. A4 two-stroke engine with under-piston scavenging;
(a), (b), and (c) are defined in the text (Stone, 1999).

2. The power stroke. The burning mixture raises the temperature and pressure in the cylin-
der and forces the piston downward. The downward motion of the piston also com-
presses the charge in the crankcase. As the piston approaches the end of its stroke, the
exhaust port is uncovered (Fig. 2.2b), and blow-down occurs. When the piston is even
closer to bottom dead center (Fig. 2.2¢), the transfer port also is uncovered, and the com-
pressed charge in the crankcase expands into the cylinder. Some of the remaining
exhaust gases are displaced by the fresh charge. Because of the flow mechanism, this is
called loop scavenging. As the piston travels up the cylinder, first the transfer port is
closed by the piston, and then the exhaust port is closed.

For a given size of engine operating at a particular speed, a two-stroke engine will be more
powerful than a four-stroke engine because the two-stroke engine has twice as many power
strokes per unit time. Unfortunately, the efficiency of a two-stroke engine is likely to be
lower than that of a four-stroke engine, and there is the difficulty of controlling the gas
exchange processes when they are not undertaken with separate strokes of the piston. The
problem with two-stroke engines is ensuring that the induction and exhaust processes occur
efficiently, without suffering charge dilution by the exhaust gas residuals. The spark ignition
engine is particularly troublesome because at part throttle operation, the crankcase pressure
can be less than atmospheric pressure. This leads to poor scavenging of the exhaust gases,
and a rich air-fuel mixture becomes necessary for all conditions, with an ensuing low effi-
ciency (Section 2.5).
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These problems can be overcome in two-stroke direct injection by supercharging engines
(either with spark ignition or compression ignition), so that the air pressure at the inlet to the
crankcase is greater than the exhaust back-pressure. This ensures that when the transfer port
is opened, efficient scavenging occurs. If some air passes straight through the engine, it does
not lower the efficiency because no fuel has so far been injected. Two-stroke engines are not
widely used in automotive applications, and even with two-wheeled vehicles, emissions leg-
islation is reducing their prevalence. Thus, they will not be discussed further here, but addi-
tional information can be found in Stone (1999).

2.3 Indicator Diagrams and Internal Combustion Engine
Performance Parameters

Much can be learned from a record of the cylinder pressure and volume. The results can be
analyzed to reveal the rate at which work is being done by the gas on the piston, and the rate
at which combustion is occurring. In its simplest form, the cylinder pressure is plotted against
volume to give an indicator diagram.

Figure 2.3 is an indicator diagram from a spark ignition engine operating at part throttle, with
an inset to clarify the pressure difference between the exhaust stroke and the induction stroke—
the pumping loop. The shaded area in Fig. 2.3 represents the work done on the piston by the
gases during the expansion stroke. For the change in volume shown, this is greater than the
work done on the gases during the compression process. The difference in areas at a given
volume increment will represent the net work done on the piston by the gases. Thus, the area
enclosed by the compression and expansion processes (the power loop) is proportional to the
work done on the piston by the gas. The pumping loop is enclosed by processes in an anti-
clockwise direction, and it can be seen that this represents the net work done by the piston on
the gases.

The term indicated work is used to define the net work done on the piston per cycle, but it can

either include or exclude the pumping loop. In North America, it tends to exclude the pump-
ing work. These ambiguities can be avoided by using gross and net as qualifiers:

Net indicated work, W; = power loop — pumping loop = J pdV 2.1
and
Net indicated work, W, = gross indicated work — pumping work (2.2)

This in turn leads to the definition of a fictional pressure, the indicated mean effective pres-
sure (imep), p;, which is defined by

W. =5iXV

1 S

2.3)

where V¢ = swept volume.



Thermodynamics of Prime Movers | 21

0.25 bar

30 p—~

Cylinder Pressure
(bar, gauge)
20 —

10 —

40 100 200 300 400 500 600
Volume (Ib/in.2)

Figure 2.3. The pressure—volume or indicator from a Rover M16 engine operating at
2000 rpm, with an enlargement of the pumping loop; bmep = 3.8 bar, and imep = 4.6 bar
(including the pumping work of 0.45 bar pmep). Adapted from Stone (1999).

The imep is a hypothetical pressure that would produce the same indicated work if it were to
act on the piston throughout the expansion stroke. The concept of imep is useful because it
describes the thermodynamic performance of an engine, in a way that is independent of engine
size and speed and frictional losses.

Unfortunately, not all the work done by the gas on the piston is available as shaft work because
there are frictional losses in the engine. These losses can be quantified by the brake mean
effective pressure (bmep, py, ), @ hypothetical pressure that acts on the piston during the expan-
sion stroke and would lead to the same brake work output in a frictionless engine. In other
words,

Wy =P, xVixn  or Py =W /(Vixn) (2.4)
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Figure 2.2. A4 two-stroke engine with under-piston scavenging;
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2. The power stroke. The burning mixture raises the temperature and pressure in the cylin-
der and forces the piston downward. The downward motion of the piston also com-
presses the charge in the crankcase. As the piston approaches the end of its stroke, the
exhaust port is uncovered (Fig. 2.2b), and blow-down occurs. When the piston is even
closer to bottom dead center (Fig. 2.2¢), the transfer port also is uncovered, and the com-
pressed charge in the crankcase expands into the cylinder. Some of the remaining
exhaust gases are displaced by the fresh charge. Because of the flow mechanism, this is
called loop scavenging. As the piston travels up the cylinder, first the transfer port is
closed by the piston, and then the exhaust port is closed.

For a given size of engine operating at a particular speed, a two-stroke engine will be more
powerful than a four-stroke engine because the two-stroke engine has twice as many power
strokes per unit time. Unfortunately, the efficiency of a two-stroke engine is likely to be
lower than that of a four-stroke engine, and there is the difficulty of controlling the gas
exchange processes when they are not undertaken with separate strokes of the piston. The
problem with two-stroke engines is ensuring that the induction and exhaust processes occur
efficiently, without suffering charge dilution by the exhaust gas residuals. The spark ignition
engine is particularly troublesome because at part throttle operation, the crankcase pressure
can be less than atmospheric pressure. This leads to poor scavenging of the exhaust gases,
and a rich air-fuel mixture becomes necessary for all conditions, with an ensuing low effi-
ciency (Section 2.5).
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Brake specific fuel consumption, bsfc = m¢ /W,

(2.10)
Indicated specific fuel consumption, isfc = m¢/W;

The units might be MJ (fuel)/kWh (work) or kg (fuel)/kWh (work) — 1 kWh = 3.6 MJ.

The final parameter to be defined here is the volumetric efficiency of the engine (nv); the
ratio of actual air flow to that of a perfect engine is

Yy

Vi Xn

ny, = @2.11)

where V= swept volume and n (cycle/s) will be

N (rpm)/120 for four-stroke engines
and

N (rpm)/60 for two-stroke engines

In general, it is quite easy to provide an engine with extra fuel; therefore, the power output of
an engine will be limited by the amount of air that is admitted to an engine. The relationship
between the output of an engine and its volumetric efficiency is developed in Section 2.8.1.

The volumetric efficiency is reduced by fluid friction, convective heating during induction,
mixing with the hot residual gases remaining in the cylinder, and throttling in the induction or
exhaust system.

The volumetric efficiency is enhanced by induction tuning and evaporative cooling when air-
fuel mixtures are prepared in the induction system.

2.4 Otto and Diesel Cycle Analyses

Regardless of whether an internal combustion engine operates on a two-stroke or four-stroke
cycle and whether it uses spark ignition or compression ignition, it follows a mechanical
cycle rather than a thermodynamic cycle. However, the thermal efficiency of such an engine
is assessed by comparison with the thermal efficiency of air standard cycles because of the
similarity between the engine indicator diagram and the state diagram of the corresponding
hypothetical cycle. These cycles are useful because they explain why the efficiency of both
engine types increases with load and why the diesel engine efficiency falls less rapidly than
that of a spark ignition engine as the load is reduced.
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2.4.1 The Ideal Air Standard Otto Cycle

The Otto cycle typically is used as a basis of comparison for spark ignition and high-speed
compression ignition engines. The cycle consists of four non-flow processes, as shown in
Fig. 2.4.
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Figure 2.4. The air standard Otto cycle (Stone, 1999).

The compression and expansion processes are assumed to be adiabatic (i.e., no heat transfer)
and reversible, and thus isentropic. The processes are as follows:

12 Isentropic compression of air through a volumetric compression ratio r, = V,/V,
2—3 Addition of heat Q,3 at constant volume

3—4 Isentropic expansion of air to the original volume

4—1 Rejection of heat Q4 at constant volume to complete the cycle

The efficiency of the Otto cycle is

W Qy3-Qq Q4
n o = = = 1 -
Ott Q13 Qs Qs3 (2.12)
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By considering air as a perfect gas, we have constant specific heat capacities. For mass m of
air, the heat transfers are

Q3 =mc, (T3 -T,)

(2.13)
Q4 =mey (T, - T))
Thus,
T,-T,
Moo =1~ 2.14
T,-T, (2.14)
For the two isentropic processes 1 =2 and 3—4, TVY! is a constant. Thus,
T, Ty 4
—= =— =T
T Y (2.15)
where v is the ratio of gas specific heat capacities, Cp / Cy . Thus,
T,=Ty!?  and  T,=Tyf! (2.16)
Substituting into Eq. 2.14 gives
T,-T, 1
Notto = 1= 1 =1- ] 2.17
T @17

The value of mqy, depends on the compression ratio, r,, and not the temperatures in the
cycle. To make a comparison with a real engine, only the compression ratio must be speci-
fied. The variation in 1y, With compression ratio is shown in Fig. 2.5 with that of 1. -

2.4.2 The Ideal Air Standard Diesel Cycle

The diesel cycle has heat addition at constant pressure, instead of heat addition at constant
volume, as in the Otto cycle. With the combination of a high compression ratio (to cause self-
ignition of the fuel) and constant-volume combustion, the peak pressures would be very
high. In large compression ignition engines such as marine engines, fuel injection some-
times is arranged so that combustion occurs at approximately constant pressure to limit the
peak pressures.

The four non-flow processes constituting the cycle are shown in the state diagram (Fig. 2.6).
Again, the best way to calculate the cycle efficiency is to calculate the temperatures around
the cycle. To do this, it is necessary to specify the cutoff ratio or load ratio, o
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Figure 2.5. The air standard cycle efficiency for the Otto cycle and diesel cycle
at different compression ratios (Stone, 1999).
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Figure 2.6. The air standard diesel cycle (Stone, 1999).
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0=V3/V, (2.18)
The processes are all reversible, and as with the Otto cycle, the compression and expansion
processes are assumed to be adiabatic (i.e., no heat transfer) and thus isentropic. The pro-

cesses in the diesel cycle are as follows:

-2 Isentropic compression of air through a volume ratio V;/V, , the volumetric
compression ratio r,,

2-3  Addition of heat Q53 at constant pressure while the volume expands through a
ratio V3/V,, the load or cutoff ratio o

34 Isentropic expansion of air to the original volume
4-1 Rejection of heat Q4 at constant volume to complete the cycle

The efficiency of the diesel cycle, N gieqel > 1S

W _Qu-Qu_q_ Q41
Q23 Q3 Q23

Ndiesel = (2.19)

By treating air as a perfect gas, we have constant specific heat capacities. For mass m of air,
the heat transfers are

Qg3 =mep(T3-Tp)
(2.20)
Qqy=me, (T - T))

Note that the process 2—3 is at constant pressure. Substitution of Eq. 2.20 into Eq. 2.19, and
recalling that y is the ratio of gas specific heat capacities (cp / cv) , gives

1 T,-T,

. =1—-=
MNdiesel ¥ T3 _ T2

2.21)

For the isentropic process 12, TVY! is a constant; therefore,

T, =Tyrd ™! (2.22)
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For the constant pressure process 23,

T V-
—3 =—==( thus T3 = OLI‘\Y_ITI (2'23)
T, V,

For the isentropic process 3—4, TVY! is a constant
-1 -1
T _(v) (e
T3 V4 Iy,

Y-l y-1
o | o
Ty =(—) Ty = oy l(r—) T, =T, (2.24)

I.V v

Thus,

Substituting for all the temperatures in Eq. 2.21 in terms of T using Eqs. 2.22 to 2.24 gives

TR ol -1 ] al -1
Ndiesel v OLr:,Y—l—r\y—l r\}’_l v —1) (2.25)

At this stage, it is worth making a comparison between the air standard Otto cycle efficiency
(Eq. 2.17) and the air standard diesel cycle efficiency (Eq. 2.25).

The diesel cycle efficiency is less convenient. It is not solely dependent on compression
ratio, r,, but also is dependent on the load ratio . The two expressions are the same, except
for the term in square brackets
ol -1
v(a-1)

The load ratio lies in the range 1 <« <r, and thus is always greater than unity. Consequently,
the expression in square brackets is always greater than unity, and the diesel cycle efficiency
is lower than the Otto cycle efficiency for the same compression ratio. This is shown in
Fig. 2.5, where efficiencies have been calculated for a variety of compression ratios and load
ratios. There are two limiting cases. The first is, as a—1, then Ng;eqe] = Moo -

The second limiting case is when a—r, and point 3—4 in the cycle, and the expansion is
wholly at constant pressure; this corresponds to maximum work output in the cycle. Figure 2.5
shows that as the load increases, with a fixed compression ratio the efficiency reduces.
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However, because the compression ratio of a compression ignition engine usually is greater
than for a spark ignition engine, the diesel engine usually is more efficient. Because the
diesel cycle efficiency depends on the load ratio, it is worthwhile to estimate the values that
this variable can take.

The load ratio is found by considering the work done by the cycle and using this to find the
imep of the air standard diesel cycle.

The net work in the cycle,

Whet = Qo3 — Q4p =imepx Vg (2.26)

where the swept volume (V) can be expressed as
Vo=(r,— 1)V,

Rearranging Eq. 2.26 and substituting Eq. 2.20, and using Eqgs. 2.22 to 2.24 for the tempera-
tures, gives

imepx V = m[cp (T3-Ty)—c (T4 —Tl)]

=mc, T [y(ar\}’-l _ r‘}/—l ) _ (ay _ 1):] (2.27)

Note also the equation of state

p;V; = mRT,
and that
Vi=5V,
gives
imepx V, (r, —1)=(pr, V2 /R)c, [y((xre,(—l -y ) - ((xy - 1)]
As

cv/R:cV/(cp—cv)=1/[(cp/cv)—l}:1/(7—l)
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then

mep= (\(—11))1(?v —1)[(0“3—] _rVH)_aY_I] (228)

Consider an engine with a compression ratio of 15, and evaluate the imep for a range of load
ratios (assuming y=1.4):

o 1.0 1.5 2.0 2.5
imep/p; 0.0 3.49 6.67 9.63

Thus, for a typical diesel engine, the load ratio is in the range 2.0 to 2.5 at full load. An
inspection of Fig. 2.5 shows that the air standard Otto cycle efficiency at a compression ratio
of 10 to 1 is comparable with the diesel cycle efficiency at a compression ratio of 15 to 1 with
a load ratio of 2. Of course, a spark ignition engine does not have instantaneous combustion,
nor does a diesel engine have constant pressure combustion. Therefore, for both types of
engines, the efficiency will fall between that predicted by the Otto cycle and the diesel cycle.
For this reason, a dual cycle can be analyzed, in which some of the heat is added at constant
volume, and some of it is added at constant pressure. The efficiency of the dual cycle falls
between that of the diesel and Otto cycle efficiencies, and the complexity of the analysis is
difficult to justify when practical engine efficiencies are, in any case, approximately half the
ideal cycle values.

2.4.3 Efficiencies of Real Engines

The efficiencies of real engines are below those predicted by the ideal air standard cycles for
several reasons. Most significantly, the gases in internal combustion engines do not behave
perfectly with a ratio of heat capacities remaining at 1.4.

The fuel-air cycle efficiency allows for the non-perfect thermodynamic behavior of the gases
(the heat capacities are allowed to vary with composition and temperature, but not pressure)
and the effect of dissociation at the high temperatures encountered in engines. In Fig. 2.7, the
equivalence ratio is defined as

¢ = stoichiometric air-fuel ratio/actual air-fuel ratio
where stoichiometric means the quantity of air just sufficient for complete combustion.
Consider a spark ignition engine with a compression ratio of 10, for which the Otto cycle
efficiency predicts an efficiency of 60% and the fuel-air cycle predicts an efficiency of 47%

for stoichiometric operation. In reality, such an engine might have a full throttle brake effi-
ciency of 30%, and this means 17 percentage points must be accounted for, perhaps as follows:
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Figure 2.7. Variation of efficiency with compression ratio for a constant-volume fuel-air

cycle with 1-octene fuel for different equivalence ratios. Adapted from Taylor (1985ay).
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The finite speed of combustion accounts for the rounding of the indicator diagram in Fig. 2.3,
which is in contrast to the constant volume heat addition of Fig. 2.4. Figure 2.3 also shows
that for three successive cycles, there is quite a significant variation in the maximum pressure
(28-37 bar), but that the variation in the imep (which is proportional to the enclosed area) is
much smaller. Ifall the cycles had the largest value of imep, and there were no cycle-by-cycle
variations in combustion, then the engine efficiency would be higher.

The exhaust blow-down process also leads to a rounding of the indicator diagram, because
the exhaust valve starts to open before the piston reaches the end of its stroke. This can be
seen more clearly in the inset of Fig. 2.3. Also, even at wide open throttle (WOT), work still
will be done by the piston to overcome fluid friction in expelling the exhaust gases and induct-
ing the fresh charge.

2.5 Ignition and Combustion in Spark Ignition
and Diesel Engines

Spark ignition (SI) engines usually have pre-mixed combustion, in which a flame front initi-
ated by a spark propagates across the combustion chamber through the unburned mixture.
Compression ignition (CI) engines normally inject their fuel toward the end of the compres-
sion stroke, and the combustion is controlled primarily by diffusion. More specifically,

a. The fuel is injected and starts to vaporize and mix with air.

b. At the end of the ignition delay period, the flammable mixture formed during the delay
period ignites and burns very rapidly (giving the characteristic diesel knock).

c. After the period of rapid combustion, the combustion process is governed by the rate at
which the air and fuel mix—diffusion (controlled) combustion.

For most hydrocarbon fuels at ambient conditions, the maximum laminar burning velocity is
less than 0.5 m/s. The density ratio between the burned and unburned mixture is approxi-
mately 5, but the resulting laminar flame speed of approximately 2.5 m/s is not sufficient for
combustion to complete in the available time. In all internal combustion engines, turbulence
increases the effective flame front area, so that the turbulent buming velocity is at least an
order of magnitude higher than the laminar burning velocity. Fortunately, the turbulence
intensity increases approximately linearly with engine speed. This means that an engine can
operate over a wide speed range, with the turbulent combustion period occupying an almost
fixed crank angle period (in the region of 30° ca) at full throttle.

The ignition delay period (compression ignition engines) and the early burn period (the transi-
tion from a laminar flame front generated by the spark to fully turbulent combustion)
occupy an almost constant time period. This means that as the engine speed is increased, the
fuel injection or ignition must be advanced. In spark ignition engines, the early burn period is
dominated by laminar combustion because the flame front is small compared to the turbulence
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scale, and the turbulence will cause displacement of the flame kernel, as opposed to wrinkling
of a larger flame front.

Whether combustion is pre-mixed (as in SI engines) or diffusion controlled (as in CI engines)
has a major influence on the range of air-fuel ratios (AFRs) that will burn. In pre-mixed
combustion, the AFR must be close to stoichiometric—the AFR value that is chemically
correct for complete combustion. In practice, dissociation and the limited time available for
combustion will mean that even with the stoichiometric AFR, complete combustion will not
occur.

Most hydrocarbon fuels have close to a 2:1 hydrogen/carbon (H/C) atomic ratio. Because the
mass of the carbon atom is 12 times that of the hydrogen atom, slight variations in the H/C
ratio have only a small effect on the gravimetric composition of the fuel. Thus, for most
hydrocarbon fuels, the gravimetric stoichiometric AFR 1is close to 14.5:1. (Note that when
liquid or solid fuels are being used, the AFR is invariably gravimetric, and frequently this
must be inferred. With gaseous fuels, it is common to use a volumetric or molar AFR.)

With pre-mixed combustion, the AFR must be close to stoichiometric because the air-fuel
mixture is essentially homogeneous. In contrast, with diffusion combustion, much weaker
AFRs can be used (i.e., an excess of air) because around each fuel droplet will be a range of
flammable AFRs. With AFRs approaching stoichiometric or rich of stoichiometric, diffusion
combustion will become very incomplete—diffusion processes are comparatively slow, and
it is impossible for full utilization of the oxygen in the air. The consequential incomplete
combustion is characterized by the formation of soot and a smoky exhaust. Typical ranges for
the (gravimetric) air-fuel ratio are as follows:

CI (diesel) 18 <AFR < 80
SI (gasoline) 10 <AFR <20

The permissible range of AFRs has a major effect on the way the output of SI and diesel
engines can be regulated. Diesel or compression ignition (CI) engines can make use of qual-
ity governing, in which the air flow is unthrottled, and the quantity of fuel injected is varied.
In contrast, SI engines can achieve only a small variation in output by means of AFR control;
thus, it is necessary to reduce the flow of air (as well as the fuel) by throttling. The pressure
drop across the throttle plate dissipates work that has been provided by the piston. This is
illustrated by Fig. 2.3, which shows the indicator diagram from an SI engine operating at part
load. The pumping loop in Fig. 2.3 has an area that equates to a pumping mean effective
pressure (pmep) of 0.45 bar. The engine is operating at

a net imep of 4.6 bar,
for which

bmep = 3.8 bar (full-load bmep would be approximately 10 bar)
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Therefore,

fmep = 0.8 bar
As the load is reduced at constant speed,

a. The pmep will increase, and
b. The fmep (principally a function of speed) will remain almost constant

Thus, these two losses will become a bigger fraction of the engine output as the output is
reduced, and the mechanical efficiency will fall. Ultimately, when the bmep is zero, both the
brake efficiency and the mechanical efficiency will become zero.

In the diesel engine with no throttling, there will be a negligible change to the pmep, and the
brake and mechanical efficiencies will fall less rapidly as the load is reduced. Indeed, as the
load is reduced in the diesel engine, the combustion becomes more rapid, and the air-fuel
ratio becomes weaker (Fig. 2.7). Both contribute to an increase in the indicated efficiency.
The limit on the AFR with a diesel means the bmep will be limited to approximately 7.5 bar
for a naturally aspirated diesel engine (compared with 10 bar for an SI engine). In a diesel
engine, there is a limited amount of time for mixing of the fuel and air. If there is any unburned
fuel, this will be a source of particulate emissions. Thus, the fueling is limited to approxi-
mately 80% of the stoichiometric value in a diesel engine, whereas with a homogeneous
charge engine, a mixture rich of stoichiometric can be used to give the maximum output.

To summarize, diesel engines have a higher maximum efficiency than spark ignition engines
for three reasons:

1. The compression ratio is higher.
2. During the initial part of compression, only air is present.
3. The air-fuel mixture is always weak of stoichiometric.

Also, the fall in part-load efficiency of a diesel engine is moderated by the following:

1. The absence of throttling
2. The weakening air-fuel mixture
3. The shorter duration combustion

The relative efficiencies of a spark ignition engine and a diesel engine are shown in Fig. 2.8,
which uses data from a Rover K series spark ignition engine and a Volkswagen turbocharged
Lupo diesel engine. A midrange speed has been chosen for each engine, which encompasses
the maximum efficiency for each engine. Figure 2.8 also shows that turbocharging can more
than double the output of a diesel engine because the bmep can be seen to be approximately
16 bar.

The influence of the AFR on spark ignition engine efficiency or its reciprocal, the brake
specific fuel consumption (bsfc) and output (bmep), at full throttle, is shown in Fig. 2.9. For
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maximum bmep, the mixture should be approximately 10% rich of stoichiometric; this gives
the “best oxygen utilization.” If any more fuel is added, it acts as a diluent. With a stoichio-
metric mixture, dissociation means that there would be approximately 1% oxygen in the
exhaust. The minimum bsfc occurs approximately 10% weak of stoichiometric. Weakening
the mixture increases the indicated efficiency until the combustion stability limit is reached.
However, because the bmep is falling, the fmep becomes more significant (i.e., the mechani-
cal efficiency falls), and the result of these two competing effects is a maximum brake effi-
ciency (or minimum bsfc) at approximately 10% weak of stoichiometric.

The data from a fixed throttle setting (such as Fig. 2.9) can be cross-plotted to give the fish-
hook curves of Fig. 2.10. A comparison of points A and B indicates that the fuel consumption
at part load is minimized by a weak mixture with a slightly more open throttle. When full
throttle is reached, the output can be increased only by making the mixture richer. This
accounts for the fall in efficiency of the spark ignition engine in Fig. 2.8 as its maximum
bmep is reached. The slight fall in diesel engine efficiency as maximum load is reached in
Fig. 2.8 is due to the combustion becoming less efficient.

As the throttle is progressively closed, the inlet manifold pressure falls, and the exhaust residu-
als level at the end of the exhaust stroke increases. This leads to a reduction in the range of
flammable air-fuel ratios. Emissions legislation does not give a free choice on the air-fuel
ratio, but discussion of this is in the next section.
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Figure 2.10. Fishhook curves from a four-stroke spark ignition engine
with varying throttle but constant speed (Stone, 1999).
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2.6 Sources of Emissions

2.6.1 Simple Combustion Equilibrium

The exhaust from internal combustion engines leaves at a comparatively low temperature
(well below 1500 K). At these temperatures, the reaction rates are comparatively low, and the
composition of the products will not change much with further cooling. In other words, the
products of combustion are not at equilibrium, and for the exhaust from internal combustion
engines operating rich of stoichiometric, both carbon monoxide and hydrogen will be present.
The relative proportions correspond to the equilibrium of the water—gas reaction at a tem-
perature of approximately 1800 K.

COZ +H2 <:>CO+H20

It will now be shown that this can be a useful way of estimating the exhaust gas composition,
perhaps as the first guess in a more comprehensive equilibrium analysis.

Consider now the combustion of an arbitrary fuel (C,HgO,Ng) with air (assumed to be 79.05%
nitrogen). If the products of combustion are limited to carbon dioxide (CO,), carbon monox-
ide (CO), water vapor (H,0O), hydrogen (H,), oxygen (O,), and nitrogen (N,), then the gener-
alized combustion equation with air can be written as

79.05
CoHOyNg +A (0 +B/4~ y/2){02 t oo Nz} -
(2.29)

31C02 + 32CO + a3H2O + a4H2 + 8.502 + a6N2

where the excess air ratio (A, which is equal to 1/¢ ) is unity for stoichiometric reactions, and
greater than unity for weak mixtures.

Four atomic balances can be written:

C balance: o=a;t+a, (2.30)
79.05

N balance: 8+7»(0c+[3/4—7/2)2><—=236 (2.31)
20.05

H balance: B=2a3+2ay (2.32)

O balance: Y+A(o+B/4—7/2)2=2a;+a, +a3 +2as (2.33)
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With six unknowns and only four simultaneous equations, then two further equations are
needed. A convenient simplification is to assume no oxygen in the products of rich combus-
tion, and no hydrogen or carbon monoxide in the products of weak combustion. In other
words,

Rich mixtures (A < 1): as=0 (2.34)
Weak mixtures (A > 1): ay=ay=0 (2.3%)
Stoichiometric mixtures (A = 1): ay=ay=as=0 (2.36)

For rich mixtures, another equation is required, and this is provided by the water—gas
equilibrium:

CO, +H, & CO+H,0 (2.37)

for which the equilibrium constant is K

dpds
K=—===35
2y (2.38)

Simultaneous solution of Eqs. 2.30 to 2.36 and Eq. 2.38 yields the results summarized in
Table 2.1.

For the rich products of combustion in Table 2.1, the compositions have been written with
variable a, included. This now can be eliminated by the use of the equilibrium defined in
Eq. 2.38 to give a quadratic equation in which the solution required is

TABLE 2.1
SIMPLIFIED PRODUCTS OF COMBUSTION

Species | Weak (A > 1) Rich (A < 1)
C02 1 a (X—az
CO 2 0 as
H>0O 3 B/2 v+A(a+B/4-v/2)2-20+a,
Ha 4 0 B/2-y—h(0+B/4-2/2)2+20—a,
02 5 (h=1)(0+B/4-v/2) 0
N2 6 A(a+B/4-v/2)79.05/20.95+8/2  r(c+PB/4~7/2)79.05/20.95 +§/2
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O<a2<a

_ —b+vb? —4dac

- (2.39)

ay

where

a=K-1
b=(-2K+2AK -2A+2)a+(-K+AK-A)B/2+(1-A)(K~1)y

c=0K(1-X)(20+B/2-7)

Solution of Eq. 2.39 requires a knowledge of the equilibrium constant (K), and this can be
found in many tabulations, such as Howatson et al. (1991). If the constraints of no carbon
monoxide being present with weak mixtures and no oxygen being present with rich mixtures
are removed, then it is necessary to consider an additional equilibrium, namely,

co+%o2 & CO, (2.40)

This leads to simultaneous polynomial equations that invariably must be solved iteratively to
satisfy both energy and equilibrium equations.

The variations in the composition of the major exhaust species from a spark ignition engine
are shown in Fig. 2.11, for which further explanation is needed concerning the NOXx (nitrogen
oxides) and HC (unburned hydrocarbon) emissions.

The main elementary reaction oxidizing CO to CO, is

OH+CO —CO, +H

However, Gardiner (2000) notes that this reaction is slow compared to other radical reactions
involved in combustion processes. In consequence, as the cylinder contents cool and reaction
rates fall, the oxidation of carbon monoxide will lag behind its equilibrium value, and the
carbon monoxide will appear to have frozen at the equilibrium value for a higher temperature.
The carbon monoxide emissions lie between those predicted for equilibrium at peak pressure
and the equilibrium values at exhaust valve opening. They tend to be closer to the maximum
pressure values for rich mixtures, and closer to the exhaust valve opening values for weak
mixtures. The CO emissions can be modeled by specifying a “freezing” temperature at which
the equilibrium concentration is evaluated. More accurate models should include the kinet-
ics, and these are reviewed in detail by Heywood (1988). However, the main determinant of
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Figure 2.11. Spark ignition engine emissions for different fuel-air
equivalence ratios. Courtesy of Johnson Matthey.

carbon monoxide emissions is the air-fuel ratio. In multi-cylinder engines operating at stoichio-
metric, the inter-cylinder variation in air-fuel ratio can have the biggest effect on the carbon
monoxide emissions. This can be illustrated by a simple example, a two-cylinder engine
operating with an overall stoichiometric mixture:

Case A.  Both cylinders are stoichiometric; then the exhaust will contain approximately
0.84% CO.
Case B. Each cylinder is operating 5% away from stoichiometric (one rich, the other lean);

then the exhaust will contain approximately ([1.90 + 0.22]/2=) 1.06% CO, which
is comparable to the equilibrium CO level at maximum pressure.

Thus, for overall stoichiometric operation, inter-cylinder mixture maldistribution is likely to
be as significant as correctly modeling the CO kinetics.
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2.6.2 Unburned Hydrocarbons (HC) and Nitrogen Oxides (NOx)
in Spark Ignition Engines

The remaining emissions to be discussed are the HC and NOx. Figure 2.12 illustrates the
sources of these.

Quench Layer on

Wall, Source of HC ‘ %0y, \

1 ) .
Outer Edge of N p v Crevices with
Quench Layer, Q y/ / 2 7 g ;\ Unburned Fuel,
Source of CO, 3 (] Source of HC
Aldehydes Burned Gas,
Source of NO Flame Front,
N /j Source of CO

Figure 2.12. Source of emissions in a spark ignition engine.
Adapted from Mattavi and Amann (1980).

The unburned hydrocarbon (HC) emissions arise from several sources:

a.

Short-circuiting, in which unburned mixture flows into the exhaust during the valve over-
lap period.

Oil film and crevice absorption/desorption. Absorption (and flow into the crevices) occurs
as the cylinder pressure rises, and desorption (and flow out of the crevices) occurs as the
pressure is falling, by which time the burned gas temperature can be too low for complete
oxidation to occur in the available time.

Misfire (failure to ignite), or partial burn—either because combustion is too slow or started
too late, or because the flame front was extinguished by high rates of strain.

Poor mixture preparation during transients. With a cold start, an over-rich mixture must
be used to ensure a flammable air-fuel mixture, but fuel droplets inducted into the cylin-
der will not all be fully oxidized. As an engine warms up, this tendency will be reduced
rapidly. However, during load-changing transients, there is a tendency (even with fuel-
injected engines) for rich and weak air-fuel ratio excursions.
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Hochgreb (1998) provides an excellent overview of emissions from spark ignition engines,
with a critical review of the mechanisms by which all emissions are formed, and with full
details of submodels for use in engine simulations, including the various modes of hydrocar-
bon absorption/desorption. Approximately 92% of the fuel is oxidized during propagation of
the flame front. Of the remaining 8% (which has been absorbed into crevices and so forth),
approximately half will be oxidized after being desorbed into the burned gases in the cylinder.
This leaves approximately 4% of the fuel entering the exhaust port, where approximately half
will be oxidized. Thus, approximately 2% of the original fuel enters the catalyst. With an
oxidation efficiency of 95%, only approximately 0.1% of the original fuel leaves the engine
as unburned hydrocarbons.

The mixture of nitric oxide (NO) and nitrogen dioxide (NO,) is referred to as NOx. Nitric
oxide usually is by far the most dominant nitrogen oxide formed during combustion. How-
ever, subsequent further oxidation in the environment leads to nitrogen dioxide, and the nitro-
gen dioxide reacts with the non-methane hydrocarbons in the presence of ultraviolet (UV)
light to form photochemical smog. Thus, although the major part of NOx will be NO, when
emissions are calculated on a specific basis (e.g., g/MJ, g/kWh), it is assumed that all the
nitric oxide is oxidized to nitrogen dioxide.

Nitric oxide is formed in flames by three mechanisms: thermal, prompt, and nitrous oxide.
The thermal mechanism is based on the extended Zeldovich mechanism.

0+N, & NO+N (2.41)
N+0, < NO+0 (2.42)
N+0OH < NO+H (2.43)

Equations 2.41 and 2.42 were identified by Zeldovich (1946). Equation 2.43 was added by
Lavoie et al. (1970) because it contributes significantly—this was identified by spectroscopic
means. The rate constants for the thermal mechanism are slow, and NO formation (and decom-
position) is significant only when there is a high enough temperature (say, above 1800 K) and
sufficient time. Thus, the thermal NO mechanism is assumed to occur in the hot combustion
gases, in which it can be taken that all other species are in equilibrium. In other words, the
combustion reactions are assumed to occur very quickly compared with the thermal NO mecha-
nism, so that the NO kinetics can be decoupled from combustion. The short time during
engine combustion means that there is not enough time for equilibrium levels of NO to be
attained; therefore, predictions of NO emissions must be made from kinetically based models.

Measurements of NO in the burned gases do not extrapolate to zero at the flame. This
implies that NO is formed in the flame, by the so-called prompt mechanism. The prompt
mechanism is significant when there is fuel-bound nitrogen, or when the combustion tem-
peratures are so low as to make the thermal mechanism negligible. The prompt mechanism
is governed by
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CH+N, — HCN+N (2.44)

The nitrous oxide mechanism is important at low temperatures and depends on a termolecular
reaction, where M denotes any other molecule

N, +0+M -5 N,0+M (2.45)

with the subsequent decomposition to nitric oxide. Correa (1992) notes that the nitrous oxide
submechanism is significant with lean (A > 1.6) pre-mixed laminar flames.

It can be shown that the rate of NO production is given by

aNo] 2R, {1 —([No] /[No]e)z}

dt  1+([NO/NOJ )R/(R,+Rs)

(2.46)

where the equilibrium concentrations are denoted by [ 1., and the three reaction rate variables
(R, Ry, and R;) are defined by

R; =kj [O],[N;], =k7[NO][N], (247)
R; =k3[N],[0,], =kz[NO] [0], (2.48)
R;=k; [N],[OH], =k35 [NO]e[H]e (2.49)

The thermal NO differential equation (Eq. 2.46) can then be solved simultaneously with any
other equations that are defining the combustion process.

In spark ignition engines, there is negligible fuel-bound nitrogen, and it is usual to consider
only the thermal NO mechanism. The combustion process is modeled by dividing the cham-
ber contents into a minimum of two regions: the unburned gas and the burned gas, separated
by a thin region. It is assumed that the combustion process occurs instantaneously and com-
pletely. Subsequently, the burned gas is assumed to remain in thermodynamic equilibrium for
the following species: CO, CO,, H,0, H,, OH, O, N,, and O,. Also computed is the equilib-
rium value of the nitric oxide (denoted here as NO,). The kinetically controlled value of the
nitric oxide level can then be computed by solving Eq. 2.46 (denoted here by NOx). The NO
kinetics have been decoupled from the combustion reaction, and this is acceptable because
the hydrocarbon oxidation kinetics are orders of magnitude faster than the NO formation
kinetics.
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Figure 2.13 shows the output from a spark ignition engine simulation, in which a single burned
gas zone has been assumed. The pressure rise (initially due solely to the piston motion) leads
to isentropic compression of the unburned gas because no heat transfer has been allowed.
When combustion starts, the burned gas temperature is plotted, and the changes in burned and
unburned gas temperatures both reflect the change in pressure. The equilibrium NO (NO,)
“appears” immediately after the start of combustion, and its strong temperature dependence
means that it rises rapidly to a maximum (corresponding to py,, and Ty, 14,), and falls rapidly
as the pressure and temperature fall. The kinetically controlled value of the nitric oxide
(NOx) starts at zero and always lags behind the equilibrium value (NO,). When the burned
gas temperature has fallen to a temperature of approximately 2000 K, the NO kinetics are so
slow that the kinetically calculated value of the nitric oxide (NOx) remains almost constant,
(The composition is said to “freeze.”) As the burned gas temperature falls, the equilibrium
value of the nitric oxide decreases rapidly to a level that is much below that of the kinetically

predicted value.

The formation of nitric oxide (NO) requires both a high temperature and oxygen. As the
mixture is weakened from stoichiometric, two competing effects occur: first, the oxygen
concentration in the burned gas rises, but second, the temperature falls. The overall result
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Figure 2.13. Simulation of spark ignition engine combustion with a single burned zone,
showing pressure (P), burned gas temperature (Th), unburned gas temperature (Tu), and
the equilibrium (NQOe) and kinetic (NOx) predictions of the nitric oxide concentrations as a
function of the crank angle (Stone, 1999).
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(Fig. 2.11) is that the maximum NO emissions occur approximately 10% weak of stoichio-
metric—the air-fuel ratio that also coincides with the maximum brake efficiency of a natu-
rally aspirated spark ignition engine.

2.6.3 Unburned Hydrocarbons (HC), Nitrogen Oxides (NOx), and
Particulates in Compression Ignition Engines

The three sources of hydrocarbon (HC) emissions in diesel engines are as follows:

a. Fuel that is introduced too late into the reaction zone, such as from the tip of the injector
nozzle (the sac volume), or fuel that impinged on the combustion chamber walls

b. Over-diluted mixture that occurs at the extremities of the fuel spray (made worse by a
long ignition delay period)

c¢. Fuel that does not burn fully in the rich mixture zones

With diesel engine combustion, it is essential to remember that a wide range of air-fuel ratios
are present, and these extend beyond the weak and rich mixture flammability limits. The HC
emissions will be present in the gaseous phase and as part of the soot that is a major compo-
nent of the particulates.

Particulates are any substance apart from water that can be collected by filtering diluted
exhaust at a temperature of 325 K. Particulates include sulfates and fuel that has been par-
tially pyrolyzed, as well as high molar mass hydrocarbons that have been condensed. The
black smoke associated with a poorly regulated diesel engine consists of carbon particles
produced by the thermal decomposition (pyrolysis) of hydrocarbons within the rich part of
the air-fuel mixture during the diffusion-controlled combustion stage. The carbon agglomer-
ates into particles that are visible as smoke in the exhaust.

Diesel exhaust particulates will comprise carbon (20-50%), sulfates (5—15%), unburned fuel
(10-30%), unburned lubricant (10-20%), and unknown (~10%). The composition will depend
on the engine, its operating point, and the fuel being used (sulfur and other inorganic content).

The mechanism of NOx formation is essentially the same as for spark ignition engines, except
that some diesel fuels will contain nitrogenous compounds, so that the prompt NO mecha-
nism also should be considered.

2.7 Fuel and Additive Requirements

Gasoline is a mixture of hydrocarbons (with 4 to approximately 12 carbon atoms) and a
boiling point range of approximately 30-200°C. Diesel fuel is a mixture of higher molar
mass hydrocarbons (typically 12 to 22 carbon atoms), with a boiling point range of approxi-
mately 180-380°C. Fuels for spark ignition engines should vaporize readily and be resistant
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to self-ignition, as indicated by a high octane rating. In contrast, fuels for compression igni-
tion engines should self-ignite readily, as indicated by a high cetane number. Straight chain
molecules (especially long alkanes) are prone to self-ignition, whereas branched molecules
and those based on the benzene ring (aromatics) are resistant to self-ignition. Figure 2.14
indicates that fuels with a high octane rating have a low cetane rating, and vice versa.
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Figure 2.14. Relationship between the cetane number and the octane number
for petroleum-derived fuels. Adapted from Taylor (1985b).

The octane or cetane rating of a fuel is established by comparing its ignition quality with
respect to reference fuels in CFR (Co-operative Fuel Research) engines, according to interna-
tionally agreed standards (4STM Standards Volume 05.04—Test Methods for Rating Motor,
Diesel and Aviation Fuels).
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100
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n-cetane (C¢Hszy)

Figure 2.15 shows that mean molecular mass of a fuel affects its volatility, density, and gravi-
metric calorific value. In particular, note that on a volumetric basis, the calorific value of
diesel fuel is approximately 15% higher than gasoline.
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Figure 2.15. Jariation in calorific values for different fuel mixtures.

With acknowledgment to Blackmore and Thomas (1977).
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The volatility of gasoline is subject to legislation with seasonal and geographical specifica-
tions. This is to avoid unnecessary evaporative loss in hot climates and to ensure that a
sufficiently volatile fuel is used in cold climates to promote cold-engine starting and to mini-
mize the operation on enriched mixtures during warm-up.

2.7.1 Abnormal Combustion in Spark Ignition Engines

Pre-ignition and auto-ignition (also known as self-ignition) must not be confused, because
they are separate but sometimes coupled phenomena.

Pre-ignition is when the mixture is ignited before the spark occurs, usually from a hot spot
such as the exhaust valve, the spark plug electrodes, or combustion chamber deposits. The
earlier ignition leads to higher cylinder pressures and thus higher temperatures in the unburned
gas. If the unburned gas temperature is high enough for sufficient time, then the unburned
mixture can auto-ignite.

Auto-ignition is the spontaneous ignition of unburned gas ahead of the flame front. Because
the adiabatic core of the unburned mixture will be at much the same temperature, then when
part of the mixture auto-ignites, the remainder will follow rapidly——not least because of the
rise in pressure. The resulting combustion is very rapid, and this can lead to pressure oscilla-
tions within the combustion chamber and structural excitation. The structural vibrations some-
times can be heard as a tinkling noise known as “knock.” Auto-ignition is not necessarily
severe enough to be heard as “knock.” This phenomenon is incorrectly referred to as detona-
tion, which is the supersonic propagation of a combustion wave. Knock can be eliminated by
retarding the ignition timing, unless it is caused by pre-ignition, as described next.

When auto-ignition occurs, the resulting pressure oscillations disrupt the thermal boundary
layer, and this can lead to overheating of key components. If the rise in temperature causes
pre-ignition, then the earlier ignition will exacerbate the knock and lead to even earlier pre-
ignition. This phenomenon is known as runaway knock, which invariably results in engine
failure.

Finally, there is a phenomenon known as “running-on,” which is the engine continuing to
operate after the ignition has been turned off. This is caused by some form of surface ignition
(usually from combustion deposits) in a similar manner to pre-ignition. It can occur only with
carbureted engines and is usually associated with deposits from leaded fuel.

2.7.2 Gasoline and Diesel Additives

Legislation is now restricting the use of organo-metallic compounds for improving the octane
rating of gasoline. Consequently, they are not covered here, but a discussion of their use, the
other additives that must be used in association with them, and the consequences of their
withdrawal are discussed in Stone (1999). The most significant additives are detergents and
antioxidants, but corrosion inhibitors, metal deactivators, biocides, anti-static additives,
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demulsifiers, dyes and markers, and anti-icing additives also are used. These are discussed in
detail by Owen and Coley (1995).

Antioxidants are needed in gasoline to inhibit the formation of gum, which usually is associ-
ated with the unsaturated hydrocarbons in fuel. Formation of gum can interfere with the
operation of fuel injectors. Detergents are added to reduce the deposits in fuel injectors, the
inlet manifold, and the combustion chamber. Surfactants inhibit the formation of deposits in
the injectors and the inlet manifold, but a different mechanism is needed to combat valve and
port deposits because these deposits are associated with higher temperatures. High-boiling-
point, thermally stable, oily materials such as polybutene are used, and these appear to dis-
solve the deposits.

Diesel additives to improve the cetane number will be discussed first, followed by additives
to lower the cold filter plugging point temperature, then additives that are used with low-
sulfur fuels, and finally other additives.

The most widely used ignition-improving additive currently is 2-ethyl hexyl nitrate (2EHN),
because of its good response in a wide range of fuels and comparatively low cost (Thompson
et al., 1997). Adding 1000 ppm of 2EHN will increase the cetane rating by approximately
5 units. In some parts of the world, legislation limits the nitrogen content of diesel fuels,
because although the mass of nitrogen is negligible to that available from the air, fuel-bound
nitrogen contributes disproportionately to nitric oxide formation. Under these circumstances,
peroxides can be used, such as ditertiary buty} peroxide (Nandi and Jacobs, 1995).

Diesel fuel contains molecules with approximately 12 to 22 carbon atoms, and many of the
higher molar mass components (e.g., cetane, C4H34) would be solid at room temperature if
they were not mixed with other hydrocarbons. Thus, when diesel fuel is cooled, a point will
be reached at which the higher molar mass components will start to solidify and form a waxy
precipitate. As little as 2% wax out of the solution can be enough to gel the remaining 98%.
This will affect the pouring properties and (more seriously at a slightly higher temperature)
block the filter in the fuel-injection system. These and other related low-temperature issues
are discussed comprehensively by Owen and Coley (1995), who point out that as much as
20% of the diesel fuel can consist of higher molar mass alkanes. It would be undesirable to
remove these alkanes because they have higher cetane ratings than many of the other compo-
nents. Instead, use is made of anti-waxing additives that modify the shape of the wax crystals.

Wax crystals tend to form as thin “plates” that can overlap and interlock. Anti-waxing addi-
tives do not prevent wax formation. They work by modifying the wax crystal shape to a
dendritic (needle-like) form, and this reduces the tendency for the wax crystals to interlock.
The crystals are still collected on the outside of the filter, but they do not block the passage of
the liquid fuel. The anti-waxing additives in commercial use are copolymers of ethylene and
vinyl acetate, or other alkene-ester copolymers. The performance of these additives varies
with different fuels, and the improvement decreases as the dosage rate is increased. It is
possible for 200 ppm of additive to reduce the cold filter plugging point (CFPP) temperature
by approximately 10 K.



50 Automotive Engineering Fundamentals

Additives can be used with low-sulfur diesel fuels to compensate for their lower lubricity,
lower electrical conductivity, and reduced stability. To restore the lubricity of a low-sulfur
fuel to that of a fuel with 0.2% sulfur by mass, then a dosage on the order of 100 mg/L is
needed. Care is required in the selection of the additive, if it is not to interact unfavorably
with other additives (Batt et al., 1996).

Electrical conductivity usually is not subject to legislation, but if fuels have a very low con-
ductivity, then there is the risk of a static electrical charge being built up. If a road tanker,
previously filled with gasoline, is being filled with diesel, then there is the possibility of a
flammable mixture being formed. The conductivity of untreated low-sulfur diesel fuels can
be less than 5 pS/m (Merchant et al., 1997). Conductivities greater than 100 pS/m can be
obtained by adding a few parts per million of a chromium-based static dispersant additive.
Low-sulfur fuels and fuels that have been hydro-treated to reduce the aromatic content also
are prone to the formation of hydroperoxides. These are known to degrade neoprene and
nitrile rubbers, but this can be prevented by using antioxidants such as phenylenediamines
(suitable only in low-sulfur fuels) or hindered phenols (Owen and Coley, 1995).

Other additives used in diesel fuels are detergents, anti-ices, biocides, and anti-foamants.

Detergents (e.g., amines and amides) are used to inhibit the formation of combustion depos-
its. Most significant are deposits around the injector nozzles, which interfere with the spray
formation. Deposits then can lead to poor air-fuel mixing and particulate emissions. A typi-
cal dosage level is 100-200 ppm.

Anti-ices (e.g., alcohols or glycols) have a high affinity for water and are soluble in diesel
fuel. Water is present through contamination and as a consequence of humid air above the
fuel in vented tanks being cooled below its dewpoint temperature. If ice formed, it could
block both fuel pipes and filters.

Biocides act against anaerobic bacteria that can form growths at the water/diesel interface in
storage tanks. These are capable of blocking fuel filters.

Anti-foamants (10-20 ppm silicone-based compounds) facilitate the rapid and complete fill-
ing of vehicle fuel tanks.

2.8 Gas Exchange Processes

2.8.1 Valve Flow and Volumetric Efficiency

The volumetric efficiency has already been defined by Eq. 2.11 as

Ny 2.1D)
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where V¢ = swept volume and n (cycle/s) will be

N (rpm)/120 for four-stroke engines

or
N (rpm)/60 for two-stroke engines
It can be shown that the output of an engine is related directly to its volumetric efficiency, by

considering the mass of fuel that is burned (my), its calorific value (CV), and the brake effi-
ciency of the engine

mg :nvxvsxpa

AFR (2.50)
where p, is the density of the air.
The amount of brake work produced in each cycle (W) is given by
Wy =bmepxV, or  Wp=mgxn,XCV (2.51)
Combining Egs. 2.50 and 2.51, and rearranging, gives
bmep =1y, XN, XP, X (2.52)

AFR

A similar equation can be derived for the imep. However, in both cases, remember that using
a very low AFR (a rich mixture) will lead to a fall in the brake efficiency, as shown by the
increase in the brake specific fuel consumption as shown in Fig. 2.9.

In four-stroke engines, the inlet and outlet processes are usually controlled by poppet valves
(Fig. 2.1), the operation of which is invariably controlled by camshafts. Because the pressure
drop across the inlet valve must be as small as possible (to maximize the volumetric effi-
ciency), it is usual to have inlet valves that are approximately 10% larger in diameter than the
exhaust valves. The most notable exception is when an odd number of valves are in each
cylinder, such as two inlet valves and one exhaust valve, or on rare occasions, three inlet
valves and two exhaust valves. The flow performance of the valves (the discharge coeffi-
cient, Cp) is usually measured in steady flow rigs, because the flow performance is not strongly
dependent on the flow rate (as measured by the Reynolds number). The discharge coefficient
(Cp) is the ratio of the effective flow (A.) to the geometric flow area (A) that gives the same
flow rate for frictionless flow.

Cp=Ac/A (2.53)



52 l Automotive Engineering Fundamentals

Great care is needed in using discharge coefficients because there are many different ways
of defining the geometric flow area. These include the port area, the minimum flow area
(whose position varies with valve lift), or the curtain area (the product of the valve circumfer-
ence and lift).

Figure 2.16 shows the flow characteristics of a sharp-edged inlet valve, in terms of the dis-
charge coefficient based on both the valve curtain area (Cp) and the port area (C'p). These
two discharge coefficients can be related by means of the effective flow area:

A, =CpL,mD, = CppnD?2 /4 (2.54)
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Figure 2.16. The flow characteristics of a poppet valve.
Adapted from Annand and Roe (1974).

The effective flow area reaches a maximum when the nondimensional valve lift is approxi-
mately 0.25, because the smallest flow area is now the annular area between the valve seat
and its stem. At low lift (Fig. 2.16a), the jet fills the gap and adheres to both the valve and the
seat. At an intermediate lift (Fig. 2.16b), the flow will break away from one of the surfaces.
At high lift (Fig. 2.16c), the jet breaks away from both surfaces to form a free jet. The
transition points will depend on whether the valve is opening or closing.
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When the discharge coefficient results from Fig. 2.16 are combined with some typical valve
lift data, then it is possible to plot the effective flow area as a function of camshaft angle. The
finite mass of the valve gear means that the valves cannot be opened or closed instantaneously.
Figure 2.17 combines valve lift data with flow data. Note that there is a broad maximum for
the effective flow area. This is a consequence of the effective flow area being limited by the
annular area between the valve stem and the seat, and being almost independent of the valve
lift. Also shown in Fig. 2.17 is a “high-performance” or “sport” cam profile. This has an
increased lift and valve open duration. However, the valve lift curve has been scaled to give
the same maximum valvetrain acceleration. Increasing the valve lift has not significantly
increased the maximum effective flow area, but a consequence of the longer duration valve
event is an increase in the width of the maximum. In other words, the extended duration,
rather than the increased lift, will lead to an improvement in the flow performance of the valve.
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Figure 2.17. The effect of combining valve lift data with discharge coefficient data
to give the effective flow area as a function of cam angle (Stone, 1999).

If the pressure ratio across the inlet valve becomes too high, a rapid fall in the volumetric
efficiency will occur. Taylor (1985a) characterizes the flow by an inlet Mach index, Z, which
is the Mach number of a notional air velocity. When the effective flow area is averaged, it can
be divided by a reference area (based on the valve diameter D), to give a mean flow coefficient

_ A
Cb=—>7" (2.55)
D2 /4
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The mean rate of change of the volume depends on the mean piston speed, v;,
v, xmB%/4 (2.56)

This leads to a notional mean velocity, which can be divided by the speed of sound, c, to give
the Mach index, Z,

2
_ vp XTiB /4 :E‘i vp
exCpxnD2/4 Dy cxCp

(2.57)

For a fixed valve timing, the volumetric efficiency is principally a function of the Mach
index. To maintain an acceptable volumetric efficiency, the Mach index should be less than
approximately 0.6, as illustrated in Fig. 2.18. Because the bore, stroke, valve diameter, and
valve lift all are geometrically linked, then as the mean piston speed increases, so does the air
velocity past the inlet valve. Thus, for geometrically similar engines, the Mach index depends
on only the mean piston speed. In practice, the volumetric efficiency will be modified by the
effects of inlet system pressure pulsations.
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Figure 2.18. Volumetric efficiency as a function of Mach index (Stone, 1999).
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For a given bmep, it is possible to show that the maximum torque depends on the swept
volume, whereas the maximum power depends on the total piston area (A)

Brake power =bmep LAn (24)

where n is the number of firing strokes per second.

For a four-stroke engine,
n=v, / (4L)

where v, is the mean piston velocity. Thus,
Brake power =bmep LA v, /(4L) =bmep v, A/4 (2.58)

For a four-stroke engine, the number of firing strokes per second also is given by

n= %w/(zn) (2.59)

Note that the total swept volume, V, is given by
V=LA (2.60)
Substituting Egs. 2.59 and 2.60 into Eq. 2.58 gives
Brake power = bmep LAn /(4n) =bmep V, o/(4n) (2.61)

Because torque = power/angular velocity, then division of Eq. 2.61 by the angular velocity
() gives

Torque = bmep V; /(47) (2.62)

2.8.2 Valve Timing

Figure 2.19 shows two timing diagrams. The first diagram (Fig. 2.19a) is typical of an auto-
motive compression ignition engine or conventional spark ignition engine, whereas Fig. 2.19b
is typical of a high-performance spark ignition engine. The greater valve overlap in the sec-
ond case provides a better overall flow performance, for the reasons shown in Fig. 2.17.
Highly turbocharged diesel engines also can use large valve overlap periods, but the valve
overlap at top dead center (tdc) often is limited by the piston to cylinder-head clearance.
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Figure 2.19. Valve timing diagrams for (a) an automotive diesel engine or
conventional spark ignition engine, and (b) a tuned spark ignition engine.

Also, the inlet valve must close soon after bottom dead center (bdc); otherwise, the reduction
in compression ratio may make cold starting too difficult. The exhaust valve opens approxi-
mately 40° before bottom dead center (bbdc) to ensure that all the combustion products have
sufficient time to escape. This entails a slight penalty in the power stroke, but 40° bbdc
(before bottom dead center) represents only approximately 12% of the engine stroke. Remem-
ber also that 5° after starting to open, the valve may be only 1% of fully open; after 10°, 5% of
fully open; and not fully open until 120° after starting to open.

There are many tradeoffs in selecting the valve timing for internal combustion engines. Early
opening of the exhaust valve leads to a reduction in the effective expansion ratio and expan-
sion work, but this is compensated for by reduced exhaust stroke pumping work. When an
engine is being optimized for high-speed operation, this leads to the use of earlier exhaust
valve opening; the usual timing range is 40-60° bbdc. In the case of turbocharged engines,
some of the expansion work that is lost by earlier opening of the exhaust valve is recovered by
the turbine.

Exhaust valve closure is invariably after top dead center (atdc), and the higher the boost
pressure in turbocharged engines, or the higher the speed for which the engine performance is
optimized, then the later the exhaust valve closure. The exhaust valve usually is closed in the
range 5-30° atdc. The aim is to avoid any compression of the cylinder contents toward the
end of the exhaust stroke. The exhaust valve closure time does not seem to affect the level of
residuals trapped in the cylinder or the reverse flow into the inlet manifold. However, for
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engines with in-manifold mixture preparation, a late exhaust valve closure can lead to fuel
entering the exhaust manifold directly.

The inlet valve is opened before top dead center (btdc), so that by the start of the induction
stroke, there is a large effective flow area. Engine performance is fairly insensitive to inlet
valve opening in the range 10-25° btdc. For turbocharged engines at their rated operating
point, the inlet manifold pressure is greater than the cylinder pressure, which in turn is above
the exhaust manifold pressure. Under these circumstances, even earlier inlet valve opening
(earlier than 30° btdc) leads to good scavenging. However, at part load, for a turbocharged
engine or a throttled engine, early inlet valve opening leads to high levels of exhaust residuals
and back-flow of exhaust into the inlet manifold. The results of this are most obvious with
spark ignition engines, because the increased levels of exhaust residuals lead to increased
cycle-by-cycle variations in combustion.

Inlet valve closure is invariably after bottom dead center (abdc) and typically around 40° abdc,
because at bottom dead center, the cylinder pressure is still usually below the inlet manifold
pressure. This is in part a consequence of the slider crank mechanism causing the maximum
piston velocity to occur after 90° bbdc. Figure 2.20 illustrates the influence of inlet valve
closure angle on the volumetric efficiency. A simple model has been used here, which ignores
compressibility and dynamic effects. The mean piston speed has been used as a variable
because it defines engine speed in a way that does not depend on the engine size. Figure 2.20
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Figure 2.20. The influence of the inlet valve closure angle on the volumetric
efficiency for different piston speeds (Stone, 1999).
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shows that at low speeds, a late inlet valve closure reduces the volumetric efficiency. In
contrast, at high speeds, an early inlet valve closure leads to a greater reduction in volumetric
efficiency, which limits the maximum power output.

In addition to the individual valve events, the valve overlap period (during which both the
inlet and exhaust valves are open) also affects engine performance, especially spark ignition
engines operating at part load. In spark ignition engines with large valve overlap, the part
throttle and idling operation suffers because the reduced induction manifold pressure causes
back-flow of the exhaust. Furthermore, full load economy is poor because some unburned
mixture can pass straight through the engine when both valves are open at top dead center.
These problems are avoided in a turbocharged engine with in-cylinder fuel injection.

The level of exhaust residuals trapped in the cylinder has a significant effect on the cycle-by-
cycle variations in combustion and the emissions of NOx. As with exhaust gas recirculation,
high levels of exhaust residuals lead to lower emissions of NOx, and greater cycle-by-cycle
variations in combustion. The level of residuals increases with the following:

Decreasing absolute inlet manifold pressure
Reducing compression ratio

Increasing valve overlap

Decreasing speed

Increasing exhaust back-pressure

o a0 o

2.8.3 Valve Operating Systems

In engines with overhead poppet valves (OHV—overhead valves), the camshaft is either mounted
in the cylinder block, or in the cylinder head (OHC—overhead camshaft). Figure 2.21a
shows an overhead valve engine in which the valves are operated from the camshaft, via cam
followers, pushrods, and rocker arms. This is a cheap solution because the drive to the cam-
shaft is simple (either gear or chain), and the machining is in the cylinder block. In a “V”
engine, this arrangement is particularly suitable because a single camshaft can be mounted in
the valley between the two cylinder banks.

In overhead camshaft (OHC) engines (Fig. 2.21b), the camshaft can be mounted either directly
over the valve stems, or it can be offset. When the camshaft is offset, the valves are operated
by rockers, and the valve clearances can be adjusted by altering the pivot height or, as in the
case of the exhaust valves in Fig. 2.21b, different thickness shims can be used. For the inlet
valves in Fig. 2.21b, the cam operates on a follower or “bucket.” The clearance between the
follower and the valve end is adjusted by a shim. Although this adjustment is more difficult
than in systems using rockers, it is much less prone to change. The spring retainer is con-
nected to the valve spindle by a tapered split collet. The valve guide is a press-fit into the
cylinder head, so that it can be replaced when worn. Valve seat inserts are used, especially in
engines with aluminum alloy cylinder heads, to ensure minimal wear. Normally, poppet valves
rotate to even out any wear and to maintain good seating. This rotation can be promoted if the
center of the cam is offset from the valve axis. Invariably, oil seals are placed at the top of the
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Figure 2.21. Overhead valve arrangements: (a) Ford V-6 Essex engine, and
(b) Triumph Dolomite Sprint overhead camshaft arrangement from the 1970s.

valve guide to restrict the flow of oil into the cylinder. This is most significant with overhead
cast-iron camshafts, which require a copious supply of lubricant. When the valves are not in
line (as in Fig. 2.21b), it is more usual to use two camshafts because this gives more flexibility
on valve timing and greater control if a variable valve timing system is to be used.

The use of four valves per combustion chamber is quite common in high-performance spark
ignition engines and is used increasingly in compression ignition engines. The advantages of
four valves per combustion chamber are larger valve throat areas for gas flow, smaller valve
forces, and a larger valve seat area. Smaller valve forces occur because a lighter valve with a
less stiff spring can be used. This also will reduce the hammering effect on the valve seat
when the valve closes. The larger valve seat area is important because this is how heat is
transferred (intermittently) from the valve head to the cylinder head. In the case of diesel
engines, four valves per cylinder allow the injector to be placed in the center of the combus-
tion chamber, which facilitates the development of low-emission combustion systems.

To reduce maintenance requirements, it is now common to use some form of hydraulic lash
adjuster (also known as a hydraulic lifter or tappet), an example of which is shown in Fig. 2.22.
This consists of a piston/cylinder arrangement that is pressurized by engine lubricant. How-
ever, when the cam starts to displace its follower, a sudden rise in pressure occurs in the lower
oil chamber. This causes a check valve (a ball loaded by a weak spring) to close, so that
the cam motion then is transmitted to the valve. There is always a small leakage flow
from the lash adjuster so that the valve will always seat properly, even when there is a reduction
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Figure 2.22. A cam-over-rocker svstem with a hvdraulic lash adjuster (or tappet).
Adapted from Heisler (1995).

in the clearances within the valvetrain. The lash adjusters can be incorporated into the fol-
lower of the overhead valve arrangement (Fig. 2.21a) or the bucket tappet of Fig. 2.21b, or the
pivot post of a cam-over-rocker system (Fig. 2.22). A disadvantage of this simple substitution
is an increase in frictional losses because the cam follower will always be loaded when slid-
ing on the cam base circle. Friction can be reduced by using a roller follower on the rocker of
the system in Fig. 2.22, and this cam-over-rocker system also minimizes the mass of the
moving valvetrain components. A hydraulic lash adjuster reduces the stiffness of the valvetrain,
which will reduce the maximum speed limit for the valve gear.

The drive to the camshaft usually is by chain or toothed belt. Gear drives also are possible but
tend to be expensive, noisy, and cumbersome with overhead camshafts. The advantage of a
toothed belt drive is that it can be mounted externally to the engine, and the rubber damps out
torsional vibrations that otherwise might be troublesome.

2.8.4 Dynamic Behavior of Valve Gear

The theoretical valve motion is defined by the geometry of the cam and its follower. The
actual valve motion is modified because of the finite mass and stiffness of the elements in the
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valvetrain. Figure 2.23 shows the theoretical valve lift, velocity, and acceleration. The lift is
the integral of the velocity, and the velocity is the integral of the acceleration. Before the
valve starts to move, the clearance must be taken up. The clearance in the valve drive mecha-
nism ensures that the valve can fully seat under all operating conditions, with sufficient mar-
gin to allow for the bedding-in of the valve and any change of clearance caused by differential
thermal expansion. To control the impact stresses as the clearance is taken up, the cam is
designed to give an initially constant valve velocity. This portion of the cam should be large
enough to allow for the different clearances during engine operation. The impact velocity
typically is limited to 0.5 m/s at the rated engine speed.
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Figure 2.23. Displacement, veiocity, and acceleration
of a cam-operated valve (Stone, 1999).
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The next stage is when the cam accelerates the valve. The cam could be designed to give a
constant acceleration, but this would give rise to shock loadings, owing to the theoretically
instantaneous change of acceleration. A better practice is to use a function that causes the
acceleration to rise from zero to a maximum, and then to fall back to zero. Both sinusoidal
and polynomial functions are appropriate examples. As the valve approaches maximum lift,
the deceleration is controlled by the valve spring. As the valve starts to close, its acceleration
is provided by the valve spring. The final deceleration is controlled by the cam, and the same
considerations apply. Finally, the profile of the cam should be such as to give a constant
closing velocity to limit the impact stresses.

Camshaft design is a complex area, but one that is critical to the satisfactory high-speed
performance of internal combustion engines. A widely used type of cam is the polydyne cam,

which uses a polynomial function to define the valve lift as a function of cam angle and
selects coefficients that avoid harmonics that might excite valve spring oscillations

L,=f(8)=a+a0+a,0° +a30° +...+2a;0' +... (2.63)

in which some values of a; can be zero.

For a constant angular velocity of w, differentiation gives

Velocity: L, =f'(8)= w(al +2a,0+3a30% +... +ia;0"! +) (2.64)
Acceleration: L} =17(9) =0)2(2a2 +6a30+...+i(i—1)a;0" +) (2.65)
Jerk: Ly =£7(0) =’ (6a3+..+i(i~1)(i-2)a;0' > +...)

The dependence of the velocity on @, the acceleration on @2, and the jerk on ®; explain why
problems at high speeds can occur with valve gear. It is common practice to have the valve
lift arranged symmetrically about the maximum lift, as shown in Fig. 2.23, and this is auto-
matically satisfied if only even powers of 6 are used in Eq. 2.63. This also ensures that the
jerk term will be zero at the maximum valve lift (h). Asymmetric lift profiles are used with
hydraulic lash adjusters to ensure that the check valve closes rapidly, whereas a gentle closing
ramp is still needed to avoid high-impact loads between the valve and its seat.

The valve lift “area,” Ag, is a widely used concept to give an indication of the ability of the
camshafts to admit flow. With reference to Fig. 2.23,

Ag= j L,d6 = 2bph (2.66)



Thermodynamics of Prime Movers 63

where b represents the effective mean height of the valve lift as a fraction of h, and Ag has
units of radians times meters.

The valve lift characteristics also will be influenced by the stiffness of the valve spring, as this
must control the deceleration prior to the maximum lift, as well as the acceleration that occurs
after the maximum lift. Ideally, the spring force should be uniformly greater than the required
acceleration force at the maximum design speed. The valve acceleration is given by Eq. 2.65,
and the mass should be referred to the valve axis. For a pushrod-operated valve system,

tappet + pushrod mass N polar inertia of rocker
2 2
(rr/ Iy ) Iy

spring mass

Equivalent mass, m, =

(2.67)
+ valve mass +

where

r, = radius from the rocker axis to the cam line of action
r, = radius from the rocker axis to the valve axis

In practice, when either a rocker arm or a finger-follower system is used, the values of the
radii r, and r, will change. Due account can be taken of this to convert the valve lift to cam
lift, but remember that the equivalent mass (in Eq. 2.67) also will become a function of the
valve lift.

Additional allowances in the spring load must be made for possible overspeeding of the engine

and friction in the valve mechanism. The force (F) at the cam/tappet interface is given by
Eq. 2.68:

F=(mexL} +F, +KL, +F, )xr/r, (2.68)

where

F, = valve spring pre-load
e gas force on the valve head (normally significant only for the exhaust valve)
= valve spring stiffness

L iies!
ol

Figure 2.24 shows the force at the cam/tappet interface for a range of speeds, with the static
force from the valve spring (corresponding to 0 rpm). At low speeds, the maximum force
occurs at maximum valve lift, because the valve spring force dominates. As the engine speed
is increased, the acceleration terms dominate, and the largest force occurs just after the occur-
rence of the maximum acceleration. As speed is increased further, the maximum force will
increase due to the cam-controlled acceleration, while the minimum force will decrease, and
a speed will be reached at which the contact force at the tappet becomes zero. In other words,
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Figure 2.24. The force at the cam/tappet interface
Jor a range of speeds (Stone, 1999).

at this speed, there is insufficient force from the spring to decelerate the valve at the desired
rate, and separation will occur between the cam and its tappet.

This simple model ignores dynamic effects within the spring, as well as the finite stiffness of
other components in the valvetrain. Thus, it will overestimate the maximum operating speed
of the valve gear. In the case of the valve spring, prior to the critical speed being reached,
there will be inter-coil vibrations known as surge. The natural frequency of the valve spring
should be at least an order of magnitude higher than the camshaft frequency. However,
because the motion of the cam is complex, high harmonics are present, and these can excite
resonance of the valve spring. When this occurs, the spring no longer obeys the simple force/
displacement law, and the spring force will fall, so that the practical maximum speed is below
the expected critical speed.

2.9 Engine Configuration

2.9.1 Choosing the Number of Cylinders

After the type and size of engine have been determined, the number and disposition of the
cylinders must be decided. The main constraints influencing the number and disposition of
the cylinders are as follows:
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1. The number of cylinders needed to produce a steady output

2. The minimum swept volume for efficient combustion (say, 400 cm?3)

3. The number and disposition of cylinders for satisfactory balancing

4. The number of cylinders needed for an acceptable variation in the torque output

For a four-stroke engine with five or more cylinders, there can always be a cylinder generat-
ing torque. Figure 2.25 shows the variation in the instantaneous torque associated with differ-

ent numbers of cylinders. A six-cylinder four-stroke engine is, of course, equivalent to a
three-cylinder two-stroke engine.
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Figure 2.25. Torque characteristics of six-, eight-, and twelve-cylinder engines.
Adapted from Campbell (1978).

The most common engine types are the straight or in-line, the “V” (with various included
angles), and the horizontally opposed (Fig. 2.26).

The “V” engines form a very compact power unit. A more compact arrangement is the “H”
configuration (in effect, two horizontally opposed engines with the crankshafts geared together),
but this is an expensive and complicated arrangement that has had limited use. Whatever the
arrangement, it is unusual to have more than six or eight cylinders in a row because torsional
vibrations in the crankshaft then become much more troublesome. In multi-cylinder engine
configurations other than the in-line format, it is advantageous if a single crankpin can be
used for a connecting rod to each bank of cylinders. This makes the crankshaft simpler,
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Figure 2.26. Common engine layouts: (a) in-line, (b) Vee or “‘V,” and
(c) horizontally opposed (Stone, 1999).
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reduces the number of main bearings, and facilitates a short crankshaft that will be less prone
to torsional vibrations. Nonetheless, the final decision on the engine configuration also will
be influenced by marketing, packaging, and manufacturing constraints.

When deciding on an engine layout, two interrelated aspects must be considered: the engine
balance, and the firing interval between cylinders. The following discussions will relate to
four-stroke engines because these have only a single firing stroke in each cylinder once every
two revolutions. An increase in the number of cylinders leads to smaller firing intervals and
smoother running; however, with more than six cylinders, the improvements are less notice-
able. Normally, the crankshaft is arranged to give equal firing intervals, but this is not always
the case. Sometimes a compromise is made for better balance or simplicity of construction.
For example, consider a twin-cylinder horizontally opposed four-stroke engine with a single
throw crankshaft. The engine is reasonably balanced, but the firing intervals are 180°, 540°,
180°, 540°, and so forth.

When calculating the engine balance, the connecting rod is treated as two masses concen-
trated at the center of the big end and the center of the little end (Fig. 2.27). For equivalence
of a connecting rod of mass m,

m=m;+m, and m=myn (2.69)

The mass m, can be considered as part of the mass of the piston assembly (piston, rings,
piston pin, and so forth) and be denoted by m,, the reciprocating mass. The mass referred to
the big end should be added to the big-end journal (the bearing surface) on the crankshaft, and
the crankshaft should be in static and dynamic balance.

As a simple example to illustrate the difference between static and dynamic balance, consider
a planar crankshaft for an in-line four-cylinder engine, as shown diagrammatically in Fig. 2.28.
If the rotating masses are not balanced at each big-end journal, then the out-of-balance mass
can be denoted by m. By taking moments and resolving at any point on the shaft, it can be
seen that there is no resultant moment or force from the individual centripetal forces mro?;
the absence of any moments is the condition for dynamic balance. Inspection of Fig. 2.28
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Figure 2.27. A connecting rod and its kinematic equivalent model (Stone, 1999).

shows that dynamic balance is independent of static balance. If the first two crank throws
were up and the second two were down, then there would be static balance but not dynamic
balance. Although the arrangement in Fig. 2.28 is in dynamic balance, considerable bending
stresses can be introduced by the centripetal forces at each big-end journal. Figure 2.29
shows counterbalance masses added to the webs on each side of the big-end journals, so that
these bending stresses can be eliminated.
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Figure 2.28. Balancing of a four-cylinder in-line crankshaft (Stone, 1999).
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Figure 2.29. A multi-cvlinder crankshaft in which the balance masses on the crank webs
provide dynamic balancing for each throw. Adapted from Lilly (1984).

2.9.2 Balancing of the Primary and Secondary Forces
and Moments

The treatment of the reciprocating mass is more involved. If the connecting rod were infi-
nitely long, the reciprocating mass would follow simple harmonic motion, producing a pri-
mary out-of-balance force that acts along the cylinder axis. However, the finite length of the
connecting rod introduces higher harmonic forces.

Figure 2.30 shows the geometry of the crank-slider mechanism, when there is no offset

between the little-end (also called the gudgeon-pin or piston-pin) axis and the cylinder axis.
The little-end position is given by

Xx=Rcos6+Lcosod (2.70)
Inspection of Fig. 2.30 indicates that

RsinG=Lsin¢ (2.71)

and recalling that cos¢ = (L —sin? ¢) , then substitution of Eq. 2.71 into Eq. 2.70 gives

x=R(cosB+L/R \/{1—(R/L)2 sinze}) (2.72)
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Figure 2.30. Crank-slider mechanism geometry (Stone, 1999).

The binomial theorem can be used to expand the square root term in Eq. 2.72,
X = R(cos9+ L/R{l — %(R/L)2sin 26 —%(R/L)4sin 40 + D (2.73)
The powers of sinf can be expressed as equivalent multiple angles

sin?@= 1_ lcos 20 and sin‘0= 3 lcos 20+ lcos 40 (2.74)
2 2 8 2 8

Substituting the results from Eq. 2.74 into Eq. 2.73 gives

1 I 1 1 3 1 1
X= R{cose + L/RI:] - E(R/L)Z(E - 500529)— §(R/L)4(§ - 5cos29+ gcos49)+ ...]}(2_75)

The geometry of engines is such that (R/ L) is invariably less than 0.1, in which case it is
acceptable to neglect the (R/L) terms, because inspection of Eq 2.75 shows that these
terms will be at least an order of magnitude smaller than the (R/ L) terms. The approximate
position of the little end is thus

X zR{coseJrL/R[l—%(R/L)z(é—%cos%)]} (2.76)

Equation 2.76 can be differentiated once to give the piston velocity, and a second time to give
the acceleration. (In both cases, the line of action is the cylinder axis.)
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dx/dt = —R(o|:sin9 + %(R/L)sin 29:|
and

d?x/dt? = —Rw? [ cos® +(R/L)cos 26 | 2.77)

This leads to an axial force

F. =~ m Ro’ [ cos®+(R/L)cos26 | (2.78)

where

F, = axial force due to the reciprocating mass

m, = equivalent reciprocating mass

o = angular velocity, d6/dt

R = crankshaft throw

L = connecting-rod length

cos® = primary term

c0s20 = secondary term

In other words, there is a primary force varying in amplitude with crankshaft rotation, and a
secondary force varying at twice the crankshaft speed. Both of these forces act along the
cylinder axis. Referring to Fig. 2.28 for a four-cylinder in-line engine, it can be seen that the
primary forces will have no resultant force or moment.

By referring to Fig. 2.31, it can be seen that the primary forces for this four-cylinder engine
are 180° out of phase and thus cancel. However, the secondary forces will be in phase, and
this causes a resultant secondary force on the bearings, which acts in parallel to the cylinder
axes. Because the resultant secondary forces have the same magnitude and direction, there is
no secondary moment but a resultant force of

4m,rw? (R/L)cos 26 (2.79)

For multi-cylinder engines in general, the phase relationship between the cylinders will be
more complex than in the four-cylinder in-line engine. For cylinder n in a multi-cylinder
engine,

F, » = m; ;R0*[cos( + 0, )+ (R/L)cos2(8+ 01, )| (2.80)

where ., is the phase separation between cylinder n and the reference cylinder.
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Figure 2.31. Secondary forces for the crankshaft shown in Fig. 2.28.

It is then necessary to evaluate all the primary and secondary forces and moments, for all
cylinders relative to the reference cylinder, to find the resultant forces and moments. A com-
prehensive discussion on the balancing and firing orders of multi-cylinder in-line and “V”
engines can be found in Taylor (1985b).

In multi-cylinder engines, the cylinders and their disposition are arranged to eliminate as
many of the primary and secondary forces and moments as possible. Complete elimination is
possible for in-line five-, six-, or eight-cylinder engines, horizontally opposed eight- or twelve-
cylinder engines, and twelve- or sixteen-cylinder “V” engines. Primary forces and moments
can be balanced by masses running on the crankshaft and a contra-rotating countershaft at
engine speed. Secondary out-of-balance forces and moments can be balanced by two contra-
rotating countershafts running at twice the engine speed (Fig. 2.32). The counterbalance
masses must be phased so that the piston and both masses are closest to the cylinder head at
the same time. If the cylinder axis is vertical (as assumed in Fig. 2.32), then it can be seen
how the horizontal components of the centripetal forces from the balance masses will cancel.
Such systems are rarely used because of the extra cost and mechanical losses involved, but
examples can be found on engines with inherently poor balance, such as in-line three-cylinder
engines or four-cylinder “V” engines. In vehicular applications, the transmission of vibra-
tions from the engine to the vehicle structure is minimized by the careful choice and place-
ment of flexible mounts.

Engine balancing is best illustrated by examples, and the two examples here are for a single-
cylinder engine and a three-cylinder engine.

Example 2.1 A single-cylinder engine has a reciprocating mass of 1.53 kg, the stroke is 89 mm,
and the connecting rod length/crank throw ratio (L/R) is 3.6. What product of mass (m) and
eccentricity (¢) should be used for the primary and secondary balance masses, and how should
they be deployed?
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Figure 2.32. Counterbalance shafts for the elimination of secondary forces.

Equation 2.78 gives the standard approximation for the axial primary and secondary forces

F = mr(x)zR(cose +1c0s26)

where
8 = crankshaft rotation measured from top dead center (tdc)
m, = reciprocating mass, 1.53 kg
R = crank throw = stroke/2 = 0.089/2 = 0.0445 m
R/IL= 1/3.6

The primary out-of-balance force (Fp = mr(l)erOS 9) can be balanced by a pair of counter-
rotating balance masses at the same angular velocity () as the crankshaft. As shown in
Fig. 2.33, which assumes a vertical cylinder axis, the centripetal force mye, ®? can be resolved
into horizontal and vertical components, and with two counter-rotating balance masses, the
horizontal components of the forces cancel.

Resolving vertically, and equating with the primary out-of-balance force (Eq. 2.78),

E = mr(an cos6 = 2(mpep)(1)2 cos6
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Figure 2.33. The use of two counter-rotating balance masses to eliminate
the horizontal components of the centripetal forces.

or

mpe, =m;R/2=1.53x0.0445/2 =34 kg mm

The secondary out-of-balance force (Fs = m,®° (R/L)Rcos 9) can be balanced by a pair of
counter-rotating balance masses at twice the angular velocity (®) of the crankshaft. As shown

in Fig. 2.34, two counter-rotating balance masses are needed to eliminate the horizontal com-
ponents of their forces.

F, =m,n’ (R/L)Rcos20=2 (mses)(Zco)2 cos 20
or

mge, = m,R (R/L)/8=1.53x0.0445x(1/3.6)/8 = 2.4 kg mm

‘r -

meesw?(R/L) sin260 mees?(R/L) sin26
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mgesw?(R/L) cos26 mgesw?(R/L) cos28

Figure 2.34. The use of two counter-rotating balance masses at twice
crankshaft speed to eliminate the secondary out-of-balance forces.
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The balance mass position has been measured from bottom dead center (bdc), while the pis-
ton position has been measured from top dead center (tdc). Thus, when the piston is at tdc,
both the primary and secondary balance masses must be in their datum positions (that is, as
far from the piston as possible).

Example 2.2 A three-cylinder two-stroke engine uses uniflow scavenging through overhead
valves. The reciprocating mass for each cylinder is 0.3 kg, the stroke is 70 mm, the connecting-
rod length/crank-throw ratio (L/R) is 3.5, and the inter-cylinder bore spacing is C. Show that,
with a 120° firing interval, the primary and secondary forces are balanced. If the balance
masses for eliminating the primary moments are a distance D from the bore of the center
cylinder, what product of mass (m) and eccentricity (e) should be used, and what will the
unbalanced secondary moments be? How should the balance masses be configured?

Equation 2.78 (the standard approximation for the axial primary and secondary forces) must

be modified for a multi-cylinder engine, by introducing ¢,, the phase separation between
cylinder n and the reference cylinder

En= mr(,)zR (cos [6 + ¢n] +R/Lcos2 [9 +0, ])
where

® = crankshaft rotation measured from top dead center (tdc), /L =1/3.5
m, = reciprocating mass, 0.3 kg
R = crank throw = stroke/2 = 0.070/2 = 0.035 m

With the crank throws 120° apart and only three cylinders, the firing order of the cylinders
does not matter. As shown in Fig. 2.35, cylinder number 1 will be the reference cylinder, and
as drawn, it is at top dead center (6 = 0). At this stage, the counterbalance masses in planes 4
and 5 should be ignored.

The phasor approach will be used here, in which if the polygon of forces is closed, then the
forces will be balanced for all positions of the reference crank (that is, all values of 8). The
primary and secondary forces can act only along a cylinder axis. Therefore, for a particular
value of 0, only the force components along the cylinder axis must be balanced. However, a
new value of 0 is equivalent to rotating the polygon of forces. Again, only the force compo-
nents along the cylinder axis must be considered. Therefore, if the original polygon of forces
is closed, the forces will be balanced for any crankshaft position.

Considering first the primary out-of-balance forces

Eon= mr(an cos[G + ¢n]

it can be seen that they are balanced (Fig. 2.36).
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Figure 2.35. Isometric sketch of the crankshaft.
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Figure 2.36. Primary forces in an in-line three-cylinder engine.

Considering next the secondary out-of-balance forces
F, n =m0 (R/L)Rcos2[6+ 0, ]

it can be seen that they too are balanced (Fig. 2.37).



76 Automotive Engineering Fundamentals
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Figure 2.37. Secondary forces in an in-line three-cylinder engine.

Greater care is needed with the evaluation of the out-of-balance moments because it is easy to
make mistakes in determining the direction of a moment. Also, note that the shape of the
polygon of moments depends on the point about which the moments are taken, although the
resultant moment (if any) will be the same. This will be illustrated by taking moments about
both points 1 and 2.

The double-headed arrow convention will be used here to denote moments, and looking along
the arrow toward its head would be a clockwise moment. The positive direction along the
crankshaft axis must be defined, as shown in the isometric sketch of the crankshaft (Fig. 2.35).
In the phasor diagrams, the moments and forces shown with broken lines should initially be
ignored because they arise from the balance masses.

For the primary moments, taking moments about point 2 gives the phasor diagram shown in
Fig. 2.38.

Figure 2.38. Primary moments about point 2 in an in-line three-cylinder engine.
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Remember that the direction of the moment is at right angles to the force by which it was
produced, and that its direction depends on the position of the forces plane relative to the
reference plane. In this particular case, the distance x, = —C.

For the primary moments, taking moments about point 1 gives the phasor diagram shown in
Fig. 2.39 (noting that x5 = 2C).

FoC

F2cyf - V3FC

Figure 2.39. Primary moments about point 1 in an in-line three-cylinder engine.

In both polygons of moments, it can be seen that the moment required to close the polygon
(and thus balance the moments) is the same in magnitude and direction. The simplest way
that a moment can be balanced, without introducing any out-of-balance forces, is by a pair of
balance masses that are separated along the crankshaft axis and phased 180° apart.

The out-of-balance moment is
()re
Thus, the force from each balance mass must be
(v3)Fc/(2)

because the masses shown in Fig. 2.35 are 2D apart.

The plane containing these masses is, of course, perpendicular to the direction of the moment.
This leads to the orientation of the balance masses that is shown in the original sketch of the
crankshaft (Fig. 2.35). As might be expected from symmetry, these balance masses are in a
plane that is perpendicular to the crank throw for the center cylinder.
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However, only the component of force along the cylinder axes is required, whereas the rotat-
ing balance masses will produce a moment that has components perpendicular to the cylinder
axis. Thus, it is necessary to introduce a counter-rotating shaft that contains another pair of
balance masses, which will be a mirror image of balance masses on the crankshaft. (The use
of counter-rotating shafts was illustrated in Example 2.1.)

Finally, the force from each balance mass must be

3/4 mrszcoseC/D: m_ e, |0’ cos®
PP

or
mye, =(y/3/4)C/D mR =({/3/4)C/Dx0.3x0.035 = 4.55 C/D kg mm

Both masses on the crankshaft must lie in a plane perpendicular to that containing the
number 2 cylinder crank throw. The mass at the number 1 cylinder end must be phased 150°ca
from the number 1 crank, and the mass at the number 3 cylinder end must be phased 150°ca
from the number 3 crank. The balance shaft must counter-rotate at engine speed, and the two
balance masses must be the mirror images of those on the crankshaft.

For the secondary out-of-balance moment, it can be seen that the secondary force from

cylinder number 2 lies in the direction of the primary force from cylinder number 3 and vice

versa. Taking moments about cylinder number 1 thus gives the polygon of moments shown
in Fig. 2.40.

F.C

F,2C _~ V3FC

J3FC/2D

Figure 2.40. Secondary moments about cylinder number 1
in an in-line three-cylinder engine.
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Noting that the secondary force is

F, = m,* (R/L)R cos 20

gives

M, = (\/g)mrwiz CR(R/L)cos28

With “V” engine configurations, it is necessary to use one bank of cylinders as a datum, and
to define the phasing of the pistons within each bank relative to a single piston in the datum
cylinder bank. The moments and forces from each bank then can be resolved into their horizon-
tal and vertical components and added. Heisler (1995) provides numerous worked examples
for in-line, horizontally opposed, and “V” engines, including “V” engines with offset crank
pins. In general, it is desirable to have equal firing intervals; if a V-8 is designed with a 60°
(as opposed to 90°) included angle to give a narrow engine, then offsetting the adjacent crank
pins by 30° will give equal firing angles. Taylor (1985b) also gives a comprehensive treat-
ment of engine balance, including radial engines. Table 2.2 summarizes the engine balance
for several of the more common configurations.

It is interesting to note that for a five-cylinder in-line engine, it is possible to eliminate both
the primary and secondary moments and forces by adopting an unequal cylinder spacing.
However, the overall length becomes greater than for a six-cylinder engine, thereby eliminat-
ing a key advantage of a five-cylinder engine.

2.10 Fuel Cells

Every major vehicle manufacturer has prototype fuel cell powered vehicles, but the major
issue currently is the cost of those vehicles. However, Ashley (2001) reports predictions that
the cost will fall to $50—$60 per kilowatt when production of 300,000 units per year is achieved,
which is about twice the cost of a conventional powerplant. Solid polymer fuel cells (SPFC)
are favored for automotive applications, although solid oxide fuel cells (SOFC) are being
developed for auxiliary power units because they can operate more directly on conventional
hydrocarbon fuels. In contrast, the SPFC requires hydrogen, which either must be stored
onboard or produced by reforming a conventional fuel. Only an overview of fuel cells will be
provided here, but a comprehensive treatment is provided by Larminie and Dicks (2000).
The following material covers the operation and construction of SPFC, how the hydrogen can
be provided, and what factors determine the efficiency.

2.10.1 Solid Polymer Fuel Cells (SPFC)

Figure 2.41 shows the sandwich-like construction of a solid polymer fuel cell (SPFC). The
electrodes of the SPFC are porous to allow the reactant gases, which are distributed on the
electrode by the flow field plates, to diffuse to the catalyst and membrane. The flow field
plates also collect the current from the electrodes. Because the open circuit voltage of a fuel
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TABLE 2.2
SUMMARY OF ENGINE BALANCE FOR DIFFERENT
CONFIGURATION ENGINES, WITH CYLINDER SPACING a,
CRANKTHROW r, AND CONNECTING ROD LENGTH |

Number Arrangement Firing Primary Secondary
of of Interval Forces Moments Forces Moments
Cylinders Crank Pins’ (°ca) m,?R myw2Ra m2R2/L m?R2/L
In-Line Cylinder Engines
1 1 720 V = cos 6§ M=0 V=cos26 | M=0
2 1-2 180, 540 V=0 M = cosb V = 2c0s26 M=0
3 1-2-3 240 V=0 M =~3sing V=0 M= +3sin26
4 1,4-23 180 V=0 M=0 V = 4¢0s28 M=0
5 1-5-2-3+4 144 V=0 M = 0.449 cos8 V=0 M = 4.98c0s26
6 1,6-2,5-3,4 120 V=0 M=0 V=0 M=0
8 18-45-27-36 90 V=0 M=0 V=0 M=0
Opposed Cylinder Engines
2 12 180,540 | V=2cos§ M=0 V=0 M=0
2 1-2 360 11 V=0 M = cos6 V=0 M = cos26
4 1,4-23 180 ! V=0 M=0 V=0 M = 2cos26
4 1,2-3,4 180 : V=0 M = 2cost V=0 M=0
6 1-4-5-2-3-6 120 : V=0 i M=0 V=0 M=0
8 12,78-3456 180 ! V=0 M=0 V=0 M=0
8 1,2-3,4-7,8-5,6 90 \ V=0 M = 6cos8 — V=0 M=0
I 2sind
V Cylinder Engines?
2 [ 1,2 20 block angle 2a V = 2cos6 M=0 V = 2c0s26 M=0
720 - 2 cos?o cos2a cos2¢
H =2sin6 sinZa ¢ H=2sin26
sina sin2e |
4 1-3-2-4 i 180 V=0 M = cost V =2v3c0526 ‘ M = 3cos26
V60°, 4 throws ! :
6 1-4-5-2-3-6 ; 120 V=0 M = 3/2cos8 V=0 UM = 3/2c0s26
V60°, 6 throws | 1
8 12,7,8-3,4,5.6 ‘ 90 V=0 M=0 V=0 I M=0
Va0° | H=0 H =4v2cos26
8 1,2-5,6-78-34 f 30 V=0 M=0 V=0 M=0
V90° : H=0 H=0
12 1,2,11,12-5,6,7,8— ‘\ 60 V=0 M=0 V=0 M=0
3,4,9,10 T H=0 H=0
V60° |
Notes:

1. The crank pins are distributed equalily around a circle; 1,4-2,3 means that crank pins 1 and 4 are at 12 o’clock when pins
2 and 3 are at 6 o'clock. Consecutively numbered crank pins can, of course, share a journal.
2. Odd-numbered pins will correspond to 1 bank of cylinders, and even numbers to the other bank.

cell is only approximately 1 volt, many cells (~250) are assembled back to back, to form a
stack. This is achieved by using bipolar plates, in which the flow field plates have gas pas-
sages on each side, so they connect to a cathode on one side and an anode on the other side.

The electrochemical reactions are described by the following:

Anode —  2H, > 4H +4e
Cathode O, +4H++4e > 2H,0 (2.81)

To provide electricity, the electrons must flow through the external circuit; therefore, the
electrolyte separating the anode and cathode must prevent the flow of electrons but permit the
flow of hydrogen ions (H™). Because hydrogen ions are also known as protons, the electro-
lyte often is referred to as a proton exchange membrane (PEM). The PEM is bonded to the
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Figure 2.41. Solid polymer fuel cells (SPFC), showing the proton exchange
membrane (PEM) and the membrane electrode assembly (MEA).

electrodes with a catalyst at the interface to form a membrane electrode assembly (MEA).
The PEM is based on PTFE (polytetrafluoroethylene—Teflon®), with side chains terminat-
ing in sulfonic acid (HSO3;). The HSO5 group is ionically bonded, with the end of the side
chain being SO7, and the H* (proton) being held by strong electrostatic attraction. Such
polymers can be referred to as ionomers. The sulfonic acid is strongly hydrophilic. Thus, it
tends to absorb water, and within these moist regions, the protons are relatively weakly bonded
and are able to drift through the ionomer when there is a voltage gradient. This is analogous
to having delocalized electrons in a metal, which can permit electrons to flow through the
material when connected to an external circuit with a potential difference

Solid polymer fuel cells operate at approximately 80°C (176°F). Therefore, to increase the
rates of the electrochemical reactions, it is necessary to use very active catalysts. Platinum or
a platinum-based catalyst is used at the anode, and platinum is the only catalyst that can
withstand the corrosive environment at the cathode. The catalyst particles are supported on
particles of carbon black to increase the dispersion and therefore the surface area for the
electrochemical. The SPFC is able to reach its operating temperature (~80°C) relatively
quickly from ambient conditions, and that characteristic makes it suitable for transportation
applications. It also produces power at high densities, which allows it to satisfy the volume
and mass restrictions in a vehicle. Ballard Power Systems’ SPFC have achieved power den-
sities of 1000 W// and 700 W/kg for fuel cell stacks operating on hydrogen and air at prac-
tical conditions for vehicles.

2.10.2 Solid Polymer Fuel Cell (SPFC) Efficiency

As with any thermodynamic system, the maximum work that can be extracted from a given
change of state is the change in the Gibbs energy. In the case of an electrical system, the work
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done is the product of voltage and charge. (Power is, of course, the product of voltage and
current, and current is the rate of flow of charge.) Thus,

Maximum work AG =—-7FE (2.82)

where

>

G = difference in molar Gibbs energy per kilomole of reactants
= number of electrons per kilomole of reactants
Faraday constant, 96.49 x 10~ C/kmol; the charge on a kilomole of electrons
= reversible open circuit voltage
—ve as the charge on an electron is negative

M N
I

Equation 2.81 shows that two electrons are released when a kilomole of hydrogen is reduced
to two protons, and at 80°C, when the reactants enter and leave in the gaseous phase, AG® =
—226.1 MJ/kmol H, (the ° denotes a datum pressure of 1 bar). Rearranging Eq. 2.82 gives

E° =-226.1x107° (—2><96.49><10‘6):1.17V

When a kilomole of reactants is converted to products, then the energy released will corre-
spond to the change in enthalpy, AH, and according to the First Law of Thermodynamics,
the energy not converted to work will leave as heat. If the cell operating voltage is V, then the
quantity of energy leaving as heat, Q, also will include that due to the voltage loss within
the cell

Q=(AG-AH)+AG(E-V)/E (2.83)
Equation 2.83 can be simplified to
Q=AH(Eg-V), where Ey=AH/(-zF) (2.84)
and the fuel cell efficiency is
n=V/Eyq (2.85)

When the reactants enter and leave in the gaseous phase at 80°C, AH =-237.5 MJ/kmol H,,
and Ey=123V.

It will be seen later that when a fuel cell is operating at maximum power, then approximately
equal quantities of heat and work will leave the system. This places much greater demands on
the vehicle cooling system because, although the ratio of heat to work is comparable with that
of an internal combustion engine, there will be a much smaller temperature difference between
the heat exchanger and the environment if the cell is operating at 80°C.
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The pressure dependence of Gibbs energy (G = H — TS) is due to the pressure dependence of
entropy. For the generalized reaction,

aA+bB & cC+dD

this leads to a pressure dependence on the reversible fuel cell voltage, which is described by
the Nernst equation

. RT_ P3P
E=FE —-—In—"—3 (2.86)
zF PEPp
where
po - -AG
a zF
z = number of electrons
P = partial pressure of the species

The reversible open circuit voltage (E) has only a slight dependence on pressure. However,
more significantly, raising the pressure increases the mass transfer rates so that the specific
output of a cell can be increased.

Of course, the reversible open circuit voltage is never obtained, and the reasons for the volt-
age losses are discussed next. These losses are called variously overvoltage or overpotential,
polarization, irreversibility, losses, or voltage drop. There are four principal causes of these
voltage drops: activation losses, fuel crossover and internal currents, ohmic losses, and mass
transport or concentration losses.

2.10.2.1 Activation Losses

In 1905, Tafel found (by experiments) that the voltage loss at an electrode followed a similar
mathematical model for many electrochemical reactions. He developed plots known as Tafel
plots (Fig. 2.42), which are plots of voltage loss against log current. Tafel noted these curves
could be modeled by the following equation:

V=A ln(.i) (2.87)
)

The constant A can be found from the gradient of the measured voltage and i, the intersect
with the X axis.

This equation is valid when the current flowing (i) is greater than i;. The gradient of a Tafel
plot A typically is approximately 0.03 V for an SPFC and is dependent on the speed of the
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Figure 2.42. Sample Tafel plot.

reaction. The more significant Tafel variable is known as the exchange current i;. This factor
is linked to the reversibility of the electrode reactions. If no current is flowing, then the
hydrogen electrode reaction may be assumed not to be taking place. However, in reality, the
reaction is occurring reversibly in both directions at an equilibrium rate. If this equilibrium
current flow is occurring at a high rate, it will be easier to shift the reaction to one side to
allow a current to flow. If this equilibrium reaction is occurring at a low rate, it is more
difficult to shift the equilibrium rate, and this means it is desirable for ij to be as large as
possible. This increase in iy, is achieved by changing the material of the electrode (Table 2.3).
The surface area of an electrode also plays a large part.

TABLE 2.3
iop FOR THE HYDROGEN ELECTRODE

(BLOOM, 1981)

Metal lp (A-cm™2)
Silver (Ag) 4.0 x 1077
Nicket (Ni) 6.0 x 106
Platinum (Pt) 5.0 x 1074

Figures for the oxygen electrode are much smaller (10-8 A/cm?; Appelby and Foulkes, 1989)
and therefore can be ignored. If this voltage loss is taken into account, the theoretical voltage
current graph is given by the theoretical voltage (E) minus the activation loss (Tafel equation)
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V:E—Aln(i) (2.88)

This voltage model (Eq. 2.88) is plotted in Fig. 2.43.
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Figure 2.43. Theoretical model of fuel cell voltage using the Tafel loss equation.
(E=12V,A=0.06V and iy = 0.04 mA-cm™)

2.10.2.2 Fuel Crossover and Internal Currents

The electrolyte in a fuel cell is designed to allow only the mobile ion species to conduct
across it. In the case of an SPFC, the PEM allows the H* ions to conduct. The PEM is never
ideal and will allow some of the hydrogen fuel and also the electrons to conduct across the
membrane. These two leaks have a noticeable effect on the current voltage curve.

Figure 2.44 shows how an electron conducting through the electrolyte bypasses the external
circuit and does no electrical work. Similarly, if a hydrogen molecule passes across the
electrolyte, it will either react to form water or disperse in the oxidant flow, wasting two
electrons.

With low-temperature fuel cells such as the SPFC, the open circuit voltage is smaller than the
theoretical value of 1.2 V. This open circuit voltage drop is caused by the fuel and electron
leakage. This leakage acts as a current, flowing even when the cell is open circuit; thus, the
current flow is not zero but approximately 2 mA/cm? (Larminie and Dicks, 2000). This
current flow leads to an activation loss of 0.23 V
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Figure 2.44. Diagram showing fuel crossover and internal current
losses in a solid polymer fuel cell (SPFC).

A=006V

ig=0.04 mA

2
Vactivation Foss =0.06 ln(m)= 0.23V

This loss leads to a lower open circuit voltage of approximately 0.97 V. This loss can be
modeled mathematically by adding an extra current term (i) into the activation loss equation
(and any other loss equation containing i), giving a theoretical voltage equation of

1+1

Using different membrane materials and designing them to resist fuel leakage and electron
conduction can reduce this loss. When there is a large activation loss (as with SPFC), then a
small change in leakage has a large effect on the open circuit voltage.
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2.10.2.3 Ohmic Losses

These voltage losses occur due to resistance (r) in the fuel cell, the electrodes, electrolyte, and
cell connections, and simply follow Ohms law:

Vipss =11 (2.90)

2.10.2.4 Mass Transfer Losses

These losses occur mainly when mixed fuels or oxidants are used, such as air to provide
oxygen as the oxidant, or a hydrogen/carbon dioxide fuel mixture. Here, there are gas species
that do not take an active part in the fuel cell reaction. At the surface of the PEM, the hydro-
gen and oxygen are used up in the production of water. This reduces the concentration of the
fuel and oxidant gases at the active membrane surface. These hydrogen and oxygen depleted
regions are replenished by diffusion of the reactant gases through the inactive species. This
depleted region causes a reduction in the partial pressures of the hydrogen and oxygen. It can
be shown that pressure has an effect on the fuel cell voltage by considering the Nemst equation;
therefore, mass transfer or concentration losses can be modeled by the following equation
(which takes negative values):

i
Voltage drop due to mass transfer = Bln(l - ;] (2.91)

The effect of mass transfer losses means that at high current drains, the voltage suddenly
reaches a cutoff point, where the current drawn cannot increase and the voltage collapses, as
shown in Fig. 2.45.

1.4

1'2 - e —

0.8 | \ |
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Figure 2.45. Theoretical current/voltage plot, showing mass transfer losses
(E=12V,B=02V andi;= 44).
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This effect also occurs with pure gases due to pressure drops in the fuel cell system because
there is a maximum flow rate to the membrane surface. If the current drawn demands a
greater flow rate than this, then the voltage will drop off because the required gas flow rate
cannot be supplied. Also, water vapor is being produced at the cathode; therefore, oxygen
must diffuse through the water.

2.10.2.5 Overall Response

The overall response can be modeled by combining the loss terms in Eqgs. 2.88 to 2.91:

. i+i i+i
V:E—(1+1n)r—Aln( ion)+Bh{l_ ian (2.92)

The high capital cost and bulk of fuel cells means that they frequently are operated at the maxi-
mum power density, giving a cell voltage of approximately 0.6 V for solid polymer fuel cells.

Using the data in Table 2.4 results in the voltage current characteristic (often called a polar-
ization curve) as shown in Fig. 2.46. Also plotted in Fig. 2.46 are the power density and
efficiency (based on the lower calorific value of hydrogen), which shows how the maximum
power density occurs at 3.74 A/cm? with an operating point of 0.5 V and an efficiency of 0.41.

TABLE 2.4
COEFFICIENTS TO DEFINE
LOSSES IN FUEL CELLS

Constant SPFC
E/volts 1.2
in/MA-cm—2 2
r/kQ-cm=2 60 x1076
ig/mA.cm—2 0.02
Avolts 0.03
B/volts 0.08
I4/mA-cm~2 5000

2.10.3 Sources of Hydrogen for Solid Polymer Fuel Cells (SPFC)

Hydrogen can be produced by electrolysis. Although this should be reversible, in practice it
has an efficiency of only approximately 80%. The losses are for the same reasons as there are
losses in fuel cells. Using electricity, of course, raises the question of emissions when the
electricity has been generated from fossil fuels.
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Figure 2.46. Polarization curve, power density, and efficiency
of a solid polymer fuel cell (SPFC).

A more practical source, and one that has better energy utilization, is fuel reforming, of which
there are three systems: steam reforming, partial oxidation reforming, and autothermal
reforming. Each of these will be discussed in turn.

2.10.3.1 Steam Reforming (SR)

Widely used throughout the petrochemical industry, steam reforming (SR) endothermically
combines a vaporized hydrocarbon with steam over a catalyst (often nickel supported on
alumina) at high temperatures (700-1000°C).

CxHy + 2XH20 & xCO+ (y/2 + 2X)H2 = CO, COz, H2, Hzo (293)

During steam reforming, the water—gas shift reaction also takes place, thereby converting the
hydrogen in water directly to hydrogen gas

CO+ HZO(g) < CO,+H, (2.94)

The most common design of SR for industrial use is the tubular reformer, a furnace contain-
ing several tubes filled with catalysts through which the reactants pass. The reaction inside
the tubes obtains heat from a flame external to the tubes. Tubular reformers present one main
drawback for small PEM systems. They are not easily miniaturized.
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2.10.3.2 Partial Oxidation (POX) Reforming

In a partial oxidation (POX) reaction, the hydrocarbon is reacted with an amount of oxygen
below the stoichiometric amount

CyH, +x/20, & xCO+y/2 H, (2.95)

During partial oxidation, a small fraction of steam may be added, both to prevent carbon
deposition on reformer surfaces and to reduce carbon monoxide production

CO+Hy0) <> COy+Hy = CoO, CO,, H,, H,O (2.96)

The primary disadvantage of the POX reaction is that it may waste a significant portion of the
energy in the fuel as heat, if this heat is not recovered. Its primary advantages are as follows:

1. It is exothermic and therefore self-sustaining.

2. It can be used on fuels with a variety of chemical components because catalysts are not
required.

A POX reaction may be either non-catalytic or catalytic.

2.10.3.3 Autothermal Reforming (AR)

Autothermal reforming (AR) combines the processes of steam reforming (SR) and partial
oxidation (POX). By combining the hydrocarbon with a mixture of oxygen and steam, the
reformer uses the exothermic reaction of the hydrocarbon and oxygen to provide heat for the
endothermic reaction of the hydrocarbon and steam.

CeH, +2H,0+(x=2/2)0; ¢> xCO, +(z+y/2)Hy = CO, CO5, Hy, H,0  (2.97)

For methane, the change in enthalpy for the preceding reaction is zero when z is equal to
1.115. The primary benefits of autothermal reforming are as follows:

1. TIts high thermal efficiency (as a result of combining reactions)

2. Its compactness (as a result of avoiding a separate combustion stream to provide heat as
with a steam reformer)

3. Its rapid startup and quick load following (as a result of combining reactions)

The primary disadvantage is its lower hydrogen yield—only 42 to 48% hydrogen content in the
output gas stream (dry basis)—compared with steam reforming, which produces 75 to 80%
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hydrogen (dry basis). The low hydrogen yield results from the intake of nitrogen, which
dilutes the output gas.

Onboard reformation is invariably by autothermal reformation because of its rapid startup,
whereas stationary production of hydrogen usually is by steam reformation because of its
higher thermodynamic efficiency. In the short-term, methanol (CH;OHR) is the fuel favored
for onboard reformation because this occurs at approximately 300°C (572°F) compared with
approximately 900°C (1652°F) required for gasoline.

2.10.3.4 Carbon Monoxide Clean-Up and Solid Polymer Fuel Cell (SPFC)
Operation on Reformed Fuel

The hydrogen produced by fuel reformation is also mixed with other gases, and a typical
composition resulting from methanol reformation is 43% H,, 15% CO,, 21% H,0, 3.3% CO,
and 17.4% N,. The presence of other gases lowers the partial pressure of hydrogen at the
anode, and this results in approximately a 10% reduction in the maximum power output of an
SPFC. However, a fuel cell that is not operating on pure hydrogen needs to be supplied with
significantly more hydrogen than is utilized. The gas mixture will flow through the channels
in the bipolar plate, and as the hydrogen is utilized from the gas mixture, the partial pressure
of the hydrogen will fall along the length of the channel. This would result in a reduced
voltage being generated, and any higher potential generated elsewhere on the plate would be
“pulled down” to this potential with resistive losses within the plate. By providing a surplus
of hydrogen, this “dilution” loss is reduced, albeit at the expense of unreacted hydrogen leav-
ing the fuel cell. In the absence of fuel crossover and internal currents, then the current is
linearly proportional to the molar consumption rate of hydrogen

I=zFM (2.98)
where M i1s the molar flow rate.

If a fuel cell is operating with 25% extra hydrogen (a typical value), this is referred to as a
lambda (A) of 1.25. The equation for the fuel cell efficiency (Eq. 2.85) now must be modified to

n=V/(E4\) (2.99)

Similarly with the cathode, when it is operating on air (as opposed to oxygen), then it likewise
must be supplied with excess oxygen, and the same definition of lambda (L) (Eq. 2.98) is
used. With the cathode, the only penalty of providing excess air is the need to compress the
air when a fuel cell is operating above ambient pressure. However, some of the compression
work can be recovered if the exit gases from the anode and cathode are reacted together (to
raise their temperature) and then expanded in an expander (e.g., a turbine).

A more serious problem with a fuel cell operating on hydrogen produced from fuel reforma-
tion is that any carbon monoxide (CO) is preferentially adsorbed onto the surface of the
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catalyst, thereby preventing the hydrogen from reacting. Any more than a few parts per
million of carbon monoxide will “poison” the catalyst; therefore, it is essential to remove the
carbon monoxide. The equilibrium level of carbon monoxide is determined by the water—gas
shift reaction

CO+HZO(g) — CO,+H, (2.94)

Fortunately, the equilibrium of this system moves to the right as the temperature is reduced,
which reduces the quantity of CO present and increases the level of hydrogen. However, as
the temperature is reduced, the rates of reaction reduce. Even if a catalyst were able to assist
in achieving equilibrium, the carbon monoxide level would still be too high. Instead, the
carbon monoxide level is reduced by selective oxidation, which relies on operating a platinum-
based catalyst in a narrow temperature range within which the oxidation rates for carbon
monoxide are much higher than those for hydrogen. Selective oxidation relies on a small
quantity of air being added to the reformate, and the mixture being passed through a selective
oxidation catalyst and then cooled, before the process is repeated in subsequent stages in
which further oxidation and cooling occur. One advantage of using hydrogen produced by
onboard reformation is that the moisture levels are high enough not to need additional
humidification.

2.10.3.5 Hydrogen Storage

Many people believe that onboard fuel reformation is only a short-term solution before hydro-
gen is supplied at filling stations. The options for hydrogen storage are as a liquid (at —253°C
[-423°F)), as a high-pressure gas (250 bar or higher), or adsorbed into a material. Norbeck et
al. (1996) provide a comprehensive overview of using hydrogen for surface transportation,
and Larminie and Dicks (2000) provide a useful overview. The options are summarized next.

Liquid storage must minimize the boil-off loss (typically approximately 1% per day) and
have a means of handling this safely. The liquid density is only 71 kg/m3, and with a net
calorific value of 120 MJ/kg, the energy density is only 8.5 MJ/L, ignoring the mass and
volume of the storage system. (This is approximately a factor of four lower than any hydro-
carbon.) The volume of the tank typically is double the volume of the liquid, and its mass
might be four to five times the mass of the hydrogen. Therefore, the energy storage density
typically is approximately 24 MJ/kg or 4.25 MJ/L. Also, a significant amount of energy is
needed to liquefy hydrogen (approximately 16% of its calorific value in a thermodynamically
reversible process). Thus, the overall “well-to-wheel” efficiency of a hydrogen-fueled system
is inherently poor.

At 250 bar, hydrogen has a density of approximately 22.5 kg/m3. By the time the volume and
mass of the tank are considered, the energy storage density typically is approximately 4 MJ/kg
or 1.7 MJ/L. This is lower than that for liquid hydrogen, but the work for reversible isother-
mal compression to 250 bar is only approximately 6% of its calorific value, which is much
lower than the energy required for liquefaction. Furthermore, the irreversibilities associated
with liquefaction are likely to be much greater than those for gas compression.
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The final option is to use a material that absorbs hydrogen. The simplest approach is to use
active charcoal to adsorb hydrogen. For a given temperature and pressure, the mass of hydro-
gen per liter is greater than that for the compressed gas, despite the volume occupied by the
carbon. Young (1992) reports that a liter of activated carbon at 150 K and a pressure of 56 bar
can store 14 g (0.5 oz) of hydrogen. Related to this is the use of carbon nanofibers that are
claimed to store up to three times their own mass of hydrogen. However, tests have been
limited only to samples of a few grams, so clearly more work is needed (NEL, 1999). A well-
established technique for storing hydrogen is the use of metal hydrides such as titanium iron
hydride (TiFeH,). There is a reversible reaction, controlled by pressure, in which

TiFeH, < TiFe+ H, (2.95)

Hydrogen is absorbed when the system pressure is raised, and it is released when the pressure
is reduced. When hydrogen is absorbed, the reaction is exothermic; thus, it is necessary to
cool the system. Conversely, when hydrogen is released, heat is absorbed; therefore, it is
necessary to heat the hydride store. This provides a useful safety feature because if a sudden
loss of pressure occurred, the rate of hydrogen release is governed by the heat supply. This is
a very efficient way to store hydrogen, with 1 kg (2.2 1b) stored in 9.8 liters (2.6 gal) (a greater
“density” than with liquid hydrogen). However, the system is very heavy, with only about
1.9% hydrogen by mass.

Larminie and Dicks (2000) suggest the data in Table 2.5 for different hydrogen storage systems.

TABLE 2.5
ENERGY DENSITIES OF
DIFFERENT HYDROGEN STORAGE SYSTEMS
(ADAPTED FROM LARMINIE AND DICKS, 2000)

Gravimetric Storage Volumetric Storage Efficiency,

Efficiency, Mass of Hydrogen
Method % Mass Hydrogen per Unit Volume (kg/L)
Pressurized Gas 0.7-3.0 0.015
Reversible Metal Hydride 0.65 0.06
Cryogenic Liquid 14.2 0.04
Onboard Methano! Reformer 13.9 0.055

2.10.4 Hydrogen Fuel Cell Systems

The problems of onboard hydrogen storage (in terms of both the gravimetric and volumetric
storage efficiency), the lack of a hydrogen infrastructure, and the energy costs associated with
hydrogen compression or liquefaction mean that onboard fuel reformation is likely to be used
in any fuel cell vehicle that is proposed for production in the short term. Figure 2.47 shows a
fuel cell system that has been simplified by not showing the internal heat exchangers.
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Figure 2.47. Fuel cell svstem with a fuel cell and its fuel reformer.

In Fig. 2.47, the steam reformer reacts the methanol to produce a mixture of mostly hydrogen,
carbon dioxide, water vapor, and carbon monoxide. To prevent poisoning of the platinum
catalyst within the fuel cell, the carbon monoxide must be selectively oxidized within the gas
clean-up unit (GCU). The GCU must be cooled to control the selective oxidation, and further
cooling is needed because the fuel cell is likely to operate at 80°C (176°F). This heat is likely
to be used for preheating the reactants to the steam reformer, and the air after it is compressed
but before it is humidified. The fuel cell is shown with an electrical output of 100 kW and an
equal quantity of heat to be rejected. A further 10 kW is dissipated from the electric motor
and its control system. Remember that the fuel cell is likely to be operating at 3 bar absolute.
Thus, in addition to compressing the air, it is necessary to pump the methanol and water (prior
to evaporation) to this pressure.

The anode and cathode off-gases leave the fuel cell and enter a catalytic burner where any
unreacted hydrogen from the anode is reacted, so that the exhaust stream is composed solely
of carbon dioxide, nitrogen, water vapor, and oxygen. Because this is hot and at a high
pressure, it can be expanded in a turbine to produce work. The exhaust gases then are likely
to be cooled, so that water can be condensed to eliminate the need for storing (and replenish-
ing) large quantities of water that might freeze.

Finally, it is necessary to consider the overall system efficiency and to make a comparison
with internal combustion engines. If the parasitic losses in the fuel cell system (including
electrical losses) are taken to be constant at 10% of the maximum output, then the data in
Fig. 2.46 for fuel cell performance can be converted to a system efficiency. This has been
done in Fig. 2.48, which also utilizes the engine data from Fig. 2.8.
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Figure 2.48. The engine data from Fig. 2.8 have been normalized as a fraction of the
maximum output, and the fuel cell data from Fig. 2.46 have been added, assuming a
constant parasitic loss that corresponds to 10% of the maximum output.

To enable a comparison to be made, the efficiency data is plotted against the fraction of
maximum output. As with an engine, the fuel cell now has zero efficiency at zero power
output. The typical operating point for a car is at 20% of maximum load, whereas a truck or
bus has a typical operating point of 40% load.

Figure 2.48 still does not allow a fair comparison to be made because no account has been
taken of the energy costs associated with producing and distributing the fuel. These produc-
tion and distribution costs are shown for different vehicle configurations in Table 2.6, leading
to the concept of well-to-wheel efficiency. In the case of gasoline, the production and distri-
bution energy cost amounts to approximately 3 MJ/kg, whereas for diesel, it is approximately
2 MJ/kg, and for fuel cell vehicles, it is very dependent on the source of hydrogen.

When the production and distribution costs are considered, the data in Fig. 2.48 can be plotted
again as Fig. 2.49 on a well-to-wheel efficiency basis.

Figure 2.49 shows that a methanol-fueled fuel cell has an efficiency that falls between that of
spark ignition and compression ignition engines, whereas the efficiency of a gasoline-fueled
fuel cell is comparable to that of a diesel engine. In some ways, this comparison is unfair to
the spark ignition and compression ignition engines. These engines are being operated at
constant speed, while the power output also can be varied by adjusting the speed. This will
tend to flatten the output/efficiency graph around the maximum efficiency. However, the
extent of the improvements will depend on the transmission system. Therefore, a sensible
comparison can be made only by modeling a complete vehicle over a drive cycle, as discussed
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TABLE 2.6
COMPARISON OF WELL-TO-WHEEL EFFICIENCIES OF
DIFFERENT VEHICLE CONFIGURATIONS FOR A 1300-KG (2866-LB) CAR
OVER THE NEW EUROPEAN DRIVING CYCLE (NEDC)
(ARMSTRONG, 2000)

Energy Consumption (MJ/km) CO, Emissions (g/km)
Production Production
and and
Vehicle Distribution Total Vehicle Distribution Total
internal Combustion Engines:
Gasoline Direct Injection 2.4 0.4 2.8 170 20 190
Diesel Direct Injection 1.9 0.3 2.2 140 20 160
LPG—SI 2.75 0.35 3.1 175 20 195
CNG—SI 2.85 0.2 3.05 160 15 175
Parallel Hybrid Electric Vehicles:
Gasoline 2.1 0.3 2.4 140 25 165
Diesel 1.7 0.2 19 130 10 140
Fuel Cell Electric Vehicles:
Methanol 1.7 0.8 25 120 35 155
Gasoline 1.8 04 22 130 15 145
Compressed Hydrogen 1.25 0.85 2.1 0 135 135
Notes:
LPG = Liquefied Petroleum Gas
CNG = Compressed Natural Gas
SI = Spark Ignition
45 -
Gasoline , , . . _ . Compression ignition
40 - S —~
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Figure 2.49. Comparison of engine and fuel cell efficiencies on a well-to-wheel basis.
The broken lines are for fuel cells.
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later in Chapter 11. Indeed, studies by Armstrong (2000), summarized in Table 2.6, show that
the highest vehicle fuel economy is obtained by a diesel electric hybrid vehicle.

2.11 Concluding Remarks

The efficiency and specific output of gasoline and diesel engines continues to improve,
despite the impact of increasingly stringent emissions legislation. Hybrid electric vehicles
can utilize existing technology to reduce vehicle energy consumption, but at an increased
cost because of the additional technology employed. Fuel cells can achieve an overall
energy efficiency approaching that of hybrid electric diesel engined vehicles, but with a
potential for a lower cost.

This chapter has concentrated on the fundamentals of gasoline and diesel engines because
these dominate vehicle use. The mechanical design aspects have been reviewed, with the
underlying thermodynamics and fluid mechanics. The material presented here is common
mostly to both types of reciprocating engines, namely, the underlying thermodynamics of
their cycles, the operation of two- and four-stroke engines, and their mechanical operation.
The discussion of ignition and combustion provides a comparison between the two types of
engines and results in the complementary nature of the fuel requirements. Chapters 3 and 4
are devoted to spark ignition and diesel engine technology in greater depth. For convenience,
supercharging is discussed in the context of spark ignition engines, whereas turbocharging is
treated with diesel engines, although there are, of course, supercharged diesel engines and
turbocharged spark ignition engines.

2.12 Problems

2.1 For the ideal air standard diesel cycle with a volumetric compression ratio of 17:1,
calculate the efficiencies for cutoff ratios of 1, 2, and 4. Take y=1.4. The answers can
be checked with Fig. 2.5.

2.2 Outline the shortcomings of the simple ideal cycles, and explain how the fuel-air cycle
model overcomes these problems.

2.3 A 2.5-liter four-stroke naturally aspirated direct injection diesel engine is designed to
run at 4500 rpm with a power output of 45 kW; the volumetric efficiency is found to be
80%. The bsfc is 0.071 kg/MJ, and the fuel has a calorific value of 42 MJ/kg. The
ambient conditions for the test were 20°C (68°F) and 1 bar. Calculate the bmep, the
overall efficiency, and the air-fuel ratio.

2.4 A twin-cylinder two-stroke engine has a swept volume of 500 cm3. The maximum
power output is 60 kW at 9000 rpm. At this condition, the bsfc is 0.11 kg/MJ, and the
gravimetric air-fuel ratio is 12:1. If the ambient test conditions were 10°C (50°F) and
1.03 bar, and the fuel has a calorific value of 44 MJ/kg, calculate the bmep, the arbitrary
overall efficiency, and the volumetric efficiency.
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2.5

2.6

2.7

2.8

A four-stroke 3-liter V-6 spark ignition engine has a maximum power output of 100 kW
at 5500 rpm, and a maximum torque of 236 Nm at 3000 rpm. The minimum bsfc is
0.090 kg/M1J at 3000 rpm, and the air flow rate is 0.068 m3/s. The compression ratio is
8.9:1, and the mechanical efficiency is 90%. The engine was tested under ambient
conditions of 20°C (68°F) and 1 bar. Take the calorific value of the fuel to be 44 MJ/kg.

a. Calculate the power output at 3000 rpm and the torque output at 5500 rpm.
b. Calculate for both speeds the bmep and the imep.

c. How does the arbitrary overall efficiency at 3000 rpm compare with the corre-
sponding air standard Otto cycle efficiency?

d. What is the volumetric efficiency and air-fuel ratio at 3000 rpm?

A four-cylinder, four-stroke gasoline engine is to develop 50 kW at 50 rev/s when
designed for a volumetric compression ratio of 10.0:1. The ambient air conditions are
1 bar and 18°C (64°F), and the calorific value of the fuel is 44 MJ/kg.

a. Calculate the specific fuel consumption in grams per kilowatt hour (g/kWh) of
brake work if the indicated overall efficiency is 50% of the corresponding air stan-
dard Otto cycle, and the mechanical efficiency is 90%. The specific heat capacity
ratio for air is 1.4,

b. The required gravimetric air-fuel ratio is 14.5, and the volumetric efficiency is
90%. Estimate the required total swept volume and the cylinder bore if the bore is
to be equal to the stroke. Calculate also the brake mean effective pressure.

A compression ignition engine has a volumetric compression ratio of 16. Find the
thermal efficiency of the following air standard cycles having the same volumetric
compression ratio as the engine. The specific heat capacity ratio for air is 1.4.

a. An Otto cycle.

b. A diesel cycle in which the temperature at the beginning of compression is 18°C
(64°F) and in which the heat supplied per unit mass of air is equal to the energy
supplied by the fuel (in terms of its calorific value). The gravimetric air-fuel ratio
is 28:1; the calorific value of the fuel is 44 MJ/kg. Assume the specific heat of air
at constant pressure is 1.01 kJ/kg-K and is independent of temperature.

A gasoline engine of volumetric compression ratio 11:1 takes in a mixture of air and fuel
in the ratio 14.5:1 by mass; the calorific value of the fuel is 44 MJ/kg. At the start of
compression, the temperature of the charge is 50°C (122°F). Assume that compres-
sion and expansion are reversible with pv" constant, and n = 1.325 and 1.240, respec-
tively, and that combustion occurs instantaneously at minimum volume. Combustion can
be regarded as adding heat equal to the calorific value to the charge.
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2.9

2.10

2.11

2.12

2.13

2.14

However, there is a finite combustion efficiency, and heat transfer from the combustion
chamber. Thus, combustion is equivalent to a net heat input that corresponds to 75% of
the calorific value of the fuel being burned.

Calculate the temperatures after compression and at the start and end of expansion.
Calculate the net work produced by the cycle, and evaluate the indicated efficiency of
the engine. Why is it inappropriate to calculate the indicated efficiency in terms of the
heat flows?

Use the following thermodynamic data:

Specific Heat Capacity

Molar Mass, at Constant Volume c,,
kg kJ/kg-K
Air-Fuel Mixture 30 0.95
Combustion Products 28 0.95

What are the fundamental differences between the ignition and combustion processes
in conventional spark ignition and compression ignition engines, and how does this
impact their fuel requirements?

Why does the efficiency of an internal combustion engine fall as the load is reduced,
and why is the rate of fall less severe for a compression ignition engine?

Explain how varying the air-fuel ratio on a spark ignition engine varies the power out-
put, efficiency, and emissions at a constant speed, throttle setting, and ignition timing.

For a four-stroke five-cylinder engine, show that the primary and secondary forces and
moments all can be balanced if the spacing between the cylinder axes 2-3-4 is 1.618
times the spacing of 1-2 or 4-35.

Using the data in Table 2.3 and Eq. 2.92, reconstruct the data plotted in Fig. 2.46. Then
conduct a sensitivity analysis by assuming that the parasitic losses are variously 5%,

10%, and 15% of the maximum power output. Plot an efficiency/output graph similar
to Fig. 2.48.

Discuss the advantages and disadvantages of the different methods of providing onboard
hydrogen for a fuel cell.
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CHAPTER 3

Spark Ignition Engines

3.1 Introduction

This review of spark ignition engines starts by looking at how the spark is generated, how it
ignites the mixture, the effect of ignition timing on engine performance, and how the engine
operating point influences the optimum ignition timing. The control of ignition timing is
discussed in Section 3.7, which deals with engine management systems. Mixture preparation
(Section 3.3) is concerned solely with fuel injection systems, for both port injected engines
and in-cylinder injection. The control of the air-fuel ratio is discussed in the context of engine
management systems (Section 3.7).

The most important parameter that influences combustion is turbulence, and this is illus-
trated, with methods of controlling the in-cylinder motion, in Section 3.4. Also described are
combustion system designs for both port injection and direct injection engines. The trend
continues for increasing the specific output of engines, as well as the power of engines
installed in a given size of vehicle. Section 3.6 illustrates the use of variable valve timing,
variable geometry induction systems, and supercharging to increase the power output of
engines. (Turbocharging is discussed in Section 4.5 in the context of diesel engines, but data
for spark ignition engines are discussed in Section 4.5.3.)

The most significant trend has been the reduction of emissions, and this has been dictated by
legislation. Section 3.5 starts with the development of three-way catalysts and includes the
issues of light-off, durability, and catalysts that are able to reduce NO in an oxidizing environ-
ment. One of the key requirements for proper catalyst operation is close control of the air-
fuel ratio, and this is one of the major topics of Section 3.7 (engine management systems).
Section 3.7 commences by describing the various sensors used on engines and continues by
describing how these sensors are used to control parameters such as the ignition timing, air-
fuel ratio, and exhaust gas recirculation (EGR) level.

3.2 Spark Ignition and Ignition Timing

3.2.1 Ignition System Overview

Most engines have a single spark plug per cylinder, a notable exception being in aircraft
where the complete ignition system is duplicated to improve reliability. The spark usually is
provided by a battery and coil, although until the 1920s, a magneto often was used.



102 l Automotive Engineering Fundamentals

The spark plug (Fig. 3.1) requires its central electrode to operate in the temperature range
350-700°C (572-1292°F) for satisfactory performance. If the electrode is too hot, pre-ignition
will occur. Ifthe temperature is too low, carbon deposits will build up on the central insulator,
causing electrical breakdown. The heat flows from the central electrode through the ceramic
insulator; the shape of this determines the operating temperature of the central electrode. A
cool-running engine requires a “hot” or “soft” sparking plug with a long heat flow path in the
central electrode (Fig. 3.1a). A hot-running engine, such as a high-performance engine or a
high-compression-ratio engine, requires a “cool” or “hard” sparking plug. The much shorter
heat flow path for a “cool” spark plug is shown in Fig. 3.1b. The spark plug requires a voltage
of 5-15 kV to spark. The larger the electrode gap and the higher the cylinder pressure, the
greater the required voltage.

L Hi 1T
Jinane

Figure 3.1. Spark plugs that are (a) hot running
and (b) cool running (Stone, 1999).

Figure 3.2 shows a traditional coil ignition system, in which the coil is in effect a transformer
with a primary or low-tension (LT) winding of approximately 200 turns, and a secondary or
high-tension (HT) winding of approximately 20,000 turns of fine wire, all wrapped around an
iron core. The voltage V induced in the HT winding is

dl
V=M—
& (3.1)
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Figure 3.2. A simple contact breaker-operated ignition system with a contact
breaker and distributor for a four-cylinder engine (Stone, 1999).

where
I = current flowing in the LT winding
M = mutual inductance = k,/(L; xL,)
L, and
L, = inductances of the LT and HT windings, respectively (proportional to
the number of turns squared)
k = coupling coefficient (less than unity)
or
\Y% =k (turns ratio of windings) x (low-tension voltage)

When the contact breaker (or the transistor in an electronic switching circuit) closes to com-
plete the circuit, a voltage will be induced in the HT winding. However, that voltage will be
small because dl/dt is limited by the battery voltage and the inductance of the LT winding.
Equation 4.9 defines the current flow in the LT winding as

(2(2)

s = supply voltage
resistance of the LT winding
time after the application of V

where

v
R
t

When the contact breaker (or transistor) opens, dI/dt is much greater, and sufficient voltage is
generated in the HT windings to jump the gaps between electrodes. A high voltage (200~300V)
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is generated in the LT windings, and this energy is stored in the capacitor. Without the capaci-
tor, severe arcing would occur at the contact breaker. When the spark has ended, the capacitor
discharges. In a transistorized ignition system, a diode can be used to short-circuit the voltage
generated in the LT winding and thus protect the transistor.

The energy input to the LT side (E;) of the coil is the integration of the instantaneous current
(I) and the supply voltage (V) over the period the coil is switched on

’

1
Ep=j1vsdt (3.3)
0

where t” is the time at which the coil is switched off, the coil-on-time.

The energy stored in the coil (E) is less than the energy supplied because of the energy
dissipated within the internal resistance of the coil

1
E,=—Lilj (3.4)

where Ip is the LT current at the time when the coil is switched off.

The system shown in Fig. 3.2 requires a mechanical drive, both to operate the contact breaker
and to rotate the rotor arm in the distributor. With an engine management system, the time to
switch the transistor is determined digitally, and the need for a mechanical drive to the dis-
tributor can be eliminated if there is a separate ignition coil for each cylinder. A more elegant
solution for four-stroke engines is to use a double-ended coil, as shown in Fig. 3.3, in which
the contact breaker also has been replaced by a transistor.

In Fig. 3.3, each end of the HT winding is connected to a spark plug, and the coil will be fired
every revolution. Thus, the spark plugs must be connected to cylinders that are 360° out of
phase (e.g., in a four-cylinder engine, cylinders 1 and 4, or 2 and 3). This means that a spark

Coil
Battery
HT Spark Plug
__,l; LT Winding
= Winding
l- Spark Plug

Figure 3.3. A distributorless ignition system (Stone, 1999).
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also will be generated at each spark plug toward the end of its exhaust stroke, where it should
have no effect. Thus, these systems sometimes are referred to as wasted spark systems. There
may be slightly increased spark plug wear at the electrodes, but only half the number of HT
coils and drive electronics is needed.

Another type of ignition system that can be used is capacitive discharge ignition (CDI, or CD
ignition). The battery voltage is used to drive a charging circuit that raises the capacitor
voltage to approximately 500 V. At ignition, the energy stored in the capacitor is discharged
through an ignition transformer (that is, a coil with primary and secondary windings), the
circuit being controlled by a thyristor. The discharge from the capacitor is such that a short-
duration (approximately 0.1 ms) spark is generated. The rapid discharge makes this ignition
system less susceptible to spark plug fouling. Because the primary voltage is higher than with
an inductive system, the CD ignition coils have a lower inductance, and the reduced number
of turns also gives a lower resistance. An interesting difference between inductive and capaci-
tive ignition systems is that with inductive systems, the spark occurs when the coil 1s turned
off, whereas for capacitive systems, the spark occurs when the coil is energized. The repeti-
tion rate can be much higher with CD systems; thus, these are commonly used in racing
applications.

Whether the ignition is by battery and coil (positive or negative earth) or magneto, the HT
windings usually are arranged to make the central electrode of the spark plug negative. The
electron flow across the electrode gap comes from the negative electrode (the cathode), and
the electrons flow more readily from a hot electrode. Because the central electrode is not in
direct contact with the cylinder head, this is the hotter electrode. By arranging for the hotter
electrode to be the cathode, the breakdown voltage is reduced.

3.2.2 The Ignition Process

The ignition process has been investigated thoroughly by Maly and Vogel (1978) and Maly
(1984). The spark that initiates combustion may be considered in the three phases shown in
Fig. 3.4:

1. Pre-breakdown. Before the discharge occurs, the mixture in the cylinder is a perfect
insulator. As the spark pulse occurs, the potential difference across the plug gap increases
rapidly (typically 10-100 kV/ms). This causes electrons in the gap to accelerate
toward the anode. With a sufficiently high electric field, the accelerated electrons
may ionize the molecules with which they collide. This leads to the second phase—
avalanche breakdown.

2. Breakdown. When enough electrons are produced by the pre-breakdown phase, an over-
exponential increase in the discharge current occurs. This can produce currents of the
order of 100 A within a few nanoseconds. This is concurrent with a rapid decrease in the
potential difference and electric field across the plug gap (typically to 100 V and 1 kV/cm,
respectively). Maly suggests that the minimum energy required to initiate breakdown
at ambient conditions is approximately 0.3 mJ. The breakdown causes a very rapid
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Figure 3.4. Current and voltage as a function of time during a spark discharge.
Adapted from Maly (1984).

temperature and pressure increase. Temperatures of 60,000 K give rise to pressures of
several hundred bars. These high pressures cause an intense shock wave as the spark
channel expands at supersonic speed. Expansion of the spark channel allows the conver-
sion of potential energy to thermal energy and facilitates cooling of the plasma. Pro-
longed high currents lead to thermionic emission from hot spots on the electrodes, and
the breakdown phase ends as the arc phase begins.

Arc discharge. The characteristics of the arc discharge phase are controlled by the exter-
nal impedances of the ignition circuit. Typically, the arc voltage is approximately 100V,
and the current is greater than 100 mA and is dependent on external impedances. The arc
discharge is sustained by electrons emitted from the cathode hot spots. This process
causes erosion of the electrodes, with the erosion rate increasing with the plug gap.
Depending on the conditions, the efficiency of the energy-transfer process from the arc
discharge to the thermal energy of the mixture typically is between 10 and 50%.

With currents of less than 100 mA, this phase becomes a glow discharge, which is distin-
guished from an arc discharge by the cold cathode. Electrons are liberated by ion impact, a
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less efficient process than thermionic emission. Although arc discharges are inherently more
efficient, glow discharges are more common in practice because of the high electrode erosion
rates associated with arc discharges.

3.2.2 Ignition Timing Selection and Control

The determination of the optimum spark type and duration has resulted in disagreement
among researchers. Some work concludes that longer arc durations improve the combus-
tion system, whereas other work indicates that short-duration (10-20 ns) high-current arcs
(such as those that occur with capacitative discharge ignition [CDI] systems) can be benefi-
cial. The apparent conflict between claims for long-duration and short-duration sparks can
be reconciled. The short-duration spark has a better thermal conversion efficiency and can
overcome in-cylinder variations by reliable ignition and accelerated flame kernel develop-
ment. In contrast, the long-duration discharge is successful because it provides a time win-
dow long enough to mask the effects of in-cylinder variations. Similarly, a large spark plug
gap is beneficial because it increases the likelihood of the existence of a favorable combina-
tion of turbulence and mixture between the electrodes.

Ignition timing usually is expressed as degrees before top dead center (°btdc), that is, before
the end of the compression stroke. The ignition timing should be varied for different speeds
and loads. Section 2.5 of Chapter 2 explained how turbulent flame propagation occupies an
approximately constant fraction of the engine cycle because at higher speeds, the increased
turbulence gives a nearly corresponding increase in flame propagation rate. However, the
initial period of flame growth occupies an approximately constant time (a few milliseconds),
and this corresponds to increased crank angles at increased speeds. Consequently, the igni-
tion timing is advanced as speed is increased, so that the main (turbulent) part of combustion
is centered around top dead center (tdc).

The ignition tuning must be advanced at part throttle settings because the reduced tempera-
ture in the cylinder causes slower combustion. Also, at part throttle settings, there are higher
levels of exhaust residuals (because during the valve overlap period, the cylinder pressure
will reduce toward the inlet manifold pressure, and the cylinder will tend to fill with exhaust
products). Furthermore, higher levels of residuals slow the combustion process. Finally, the
rate of combustion also depends on the air-fuel ratio, with the fastest combustion occurring
with mixtures that are approximately 10% rich of stoichiometric.

Originally, ignition timings were fixed, and subsequently, they were under direct driver con-
trol until the end of the 1920s. Then ignition timing was controlled in response to speed and
load by devices within the distributor—spring-loaded rotating masses to control the speed
dependence, and a vacuum-operated diaphragm that sensed engine load. With engine man-
agement systems, the ignition timing is now controlled digitally (Section 3.7.3).

At any combination of air-fuel ratio and throttle setting, the response to ignition timing varia-
tion is illustrated by Fig. 3.5, and the explanation of this response is provided by Fig. 3.6.
With an over-advanced ignition timing, the cylinder pressures during combustion will be
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Figure 3.5. The effect of ignition timing on the output and efficiency
of a spark ignition engine (Stone, 1999).

higher, but the increase in expansion work is less than the extra work done during compres-
sion. The converse applies with too retarded an ignition timing.

Advancing the ignition timing raises the cylinder pressure during combustion. As the adia-
batic core of the unburned mixture is being compressed isentropically, the unburned gas
temperature rises, and it is possible for the unburned mixture to auto-ignite. To maximize the
knock margin, the ignition timing is set to the Minimum ignition advance for the Best Torque
(MBT)—unless, of course, a timing retarded from MBT is being used to either avoid knock
or reduce the NOx emissions.

In summary, the ignition timing must be advanced, as:

a. The mixture is changed from that which gives the maximum burning velocity (essentially
the same as the mixture for maximum power)

b. The throttle is closed, because the increased residuals level leads to lower burning
velocities

At MBT ignition timing and full throttle operation, approximately 10% of the fuel is burned

by top dead center, and the maximum cylinder pressure occurs about 10° after top dead

center.
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3.3 Mixture Preparation

For almost 100 years, carburetors dominated mixture preparation in spark ignition engines.
Carburetors rely on the pressure drop of air moving through a venturi to draw fuel through a
carefully selected orifice from a reservoir. Numerous refinements were added to carburetors,
but by the mid-1980s, emissions legislation was becoming such that only electronically con-

trolled fuel injection systems could provide sufficient control of the air-fuel ratio.

Initially, two types of fuel injection were common—single-point and multi-point. With single-
point injection systems (Fig. 3.7), the arrangement was similar to that of a carburetor, and the
fuel injector was placed upstream of the throttle plate. Although this gave accurate metering
of the fuel, a large part of the induction system would contain fuel as a liquid film, droplets,
and vapor. When the throttle is opened, extra fuel is needed for three reasons. First, the air
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Figure 3.7. A single-point fuel injection system (Ford, 1982).

flow into the engine increases more rapidly than the fuel flow because some fuel is in the
form of droplets and some is present as a film on the manifold walls. Second, for maximum
power, a rich mixture is needed. Finally, when the throttle is opened, the vaporized fuel will
tend to condense. When the throttle opens, the pressure in the manifold increases, and the
partial pressure of the fuel vapor will increase. (The partial pressure of the fuel vapor depends
on the air-fuel ratio.) If'the partial pressure of the fuel rises above its saturation pressure, then
the fuel will condense; thus, extra fuel is injected to compensate.

When the throttle is suddenly closed, the reduced manifold pressure causes the fuel film to
evaporate. This can provide an over-rich mixture and lead to emissions of unburned hydro-
carbons. The problem is overcome by a spring-loaded overrun valve on the throttle valve
plate that bypasses air into the manifold.

Long inlet manifolds will be particularly bad in these respects because of the large volume in
the manifold and the length that the fuel film and droplets must travel. However, inlet mani-
folds with long pipe lengths give good volumetric efficiency. Thus, the effect of emissions
legislation and the desire for increasing the specific output of engines has led to the almost
universal use of multi-point injection.
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Figure 3.8 shows a solenoid-operated fuel injector. This type of fuel injector usually is mounted
close to the inlet valves, so that the fuel spray reaches the back of the inlet valve. In the case
of engines with two inlet valves per cylinder, injectors can be used to direct the spray into
each inlet port. When the injector is open (which takes approximately 1 ms), the quantity of
fuel injected is proportional to the injection duration and the square root of the pressure
difference between the fuel supply and the inlet port. The fuel supply is controlled by a
regulator (a spring-loaded diaphragm) that maintains a constant pressure difference between
the fuel rail and the inlet manifold. The timing and quantity of fuel to be injected must be
controlled by the engine management system (Section 3.7.3). With multi-point fuel injection
systems, fuel will accumulate on the back of the inlet valve and the adjacent inlet port walls.
Therefore, injection strategies must allow for this if the engine performance (especially with
respect to emissions) is to be acceptable. However, the quantity of fuel and the time constants
are much smaller than with carburetors or single-point injection systems.

Solenoid
Filter Flunger

Solenoid
Winding

Figure 3.8. A solenoid-operated fuel injector.

Initially, fuel injectors were operated in groups to reduce the number of components in the
drive electronics. Now, the norm is to have individual injector control and to inject the fuel at
the same point in the cycle for every cylinder. This is known as sequential injection. Sequen-
tial injection ensures the optimum phasing of injection for each cylinder and helps to mini-
mize the effects of unsteady flows. In both the inlet ports and the high-pressure fuel rail, there
will be pressure fluctuations that are in phase with each cylinder. The pressure regulator
attempts to maintain a constant mean pressure difference between the inlet manifold and the
fuel rail. Thus, with sequential injection, the instantaneous pressure difference across each
fuel injector should be similar. (Asymmetry in the fuel rail will prevent complete similarity.)
With individual control of the fuel injectors, and a fast-acting lambda sensor (for monitoring
the air-fuel ratio in the exhaust), an intelligent control system will be able to fine-tune the
injection period for each injector, to allow for injector-to-injector variation as well as the
effects of aging or fuels of different compositions.
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With multi-point injection systems, the fuel pressure typically is 2 to 3 bar above the manifold
pressure, and the breakup of the jet into droplets depends on the relative velocity between the
fuel and the air. The maximum size of the droplets will depend on the nozzle diameter; the
higher the velocity, the smaller the droplets. An estimate of the maximum possible velocity
can be obtained from Bernoulli’s equation

v=y(24p/p) (3.5)
where
v = velocity
Ap = pressure difference across the injector
p = density of the fuel

The flow rate will depend on this velocity and the nozzle area. Therefore, it can be seen how
reducing the size and increasing the injection pressure (to maintain the same rate of fuel
injection) will lead to a smaller diameter jet and more rapid breakup of the jet into smaller
droplets. With direct injection spark ignition (DISI) engines, there is little time for fuel evapo-
ration; thus, much higher injection pressures are used (50-200 bar) in association with smaller
orifices in the injector nozzle. With multi-point injection systems, the droplets are mostly in
the range 100-500 um. However, by using an “air shroud” around the injector, the droplet
sizes can be reduced below 100 um (Fraidl, 1987). The air shroud works at part throttle, as a
result of the pressure drop across the throttle plate. Air is allowed to bypass the throttle plate
and enter an annular nozzle around the injector tip. Because the density of air is very low,
even a small pressure drop will give a high-velocity air flow. The air flow results in a shear
stress being applied to the liquid jet, which promotes the breakup of the fuel jet into fine
droplets. Bernoulli’s equation (Eq. 3.5) cannot be applied to the air flow because the air is
compressible. If the pressure ratio across the nozzle is greater than 1.9, the flow will be choked,
and it will have a velocity corresponding to the speed of sound (approximately 300 m/s).

With DISI engines, higher fuel injection pressures are used, with injection times comparable
to those of port injectors. Therefore, the injector nozzles have smaller orifices, so that a
typical droplet size is smaller than 25 pm. The injectors must be able to withstand in-cylinder
pressures and temperatures, and special injector driver hardware is used to provide high-
voltage pulses to achieve the higher currents needed to actuate the injectors. Direct injection
spark ignition injectors mostly impart swirl to the spray by helical grooves on the needle in
the region of the nozzle. This has two benefits. First, it reduces the average droplet size (say,
from 20 to 15 wm), and second, it alters the spray characteristics. Atlow in-cylinder pressures
(corresponding to injection during the inlet valve open period for homogeneous operation),
the spray tends to be divergent, and this promotes good air and fuel mixing. Conversely, with
high in-cylinder pressures (corresponding to injection during the compression stroke for strati-
fied operation with an overall very weak mixture), the spray tends to be less divergent, and
the fuel tends to be guided by the piston bowl to form a flammable mixture at the spark plug.
These details of mixture preparation are discussed further in Section 3.4.2 and by Stone (1999).
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3.4 Combustion System Design

Many designs of combustion chambers have given satisfactory performance. The main con-
siderations are as follows:

a. The distance traveled by the flame should be minimized.

b. The exhaust valve(s) and spark plug(s) should be close together.
c. There should be sufficient turbulence.

d. The end gas should be in a cool part of the combustion chamber.

e. The system should be easy to manufacture and not susceptible to the effects of manufac-
turing tolerances.

Turbulence is generated during the induction stroke by the high-velocity jet-like flow past the
inlet valve, but this turbulence decays during the compression stroke. If barrel swirl (rotation
about an axis perpendicular to the cylinder axis) is present, then this ordered flow will degen-
erate into turbulence as the piston moves toward top dead center (tdc). Turbulence also is
generated by the squish areas, which are the areas of the piston that come close to the cylinder
head at top dead center. The squish clearance is of the order of 1 mm (0.04 in.).

Figure 3.9 shows the advantages of turbulence, with the increased flammability range and
increased knock margin. There is an increased flammability range because combustion is
more closely centered around top dead center, when the cylinder pressures and temperatures
are higher. This means that a lower temperature rise due to combustion is needed to attain a
given self-sustaining combustion temperature. The knock margin is increased because the
more rapid combustion with increased turbulence means that combustion will be complete
before there is time for unburned mixture to auto-ignite.

There are essentially two different types of spark ignition engine: (1) port injection, which
will be discussed first, and (2) direct injection spark ignition (DISI) systems, which are dis-
cussed in Section 3.4.2.

3.4.1 Port Injection Combustion Systems

The most common port injected combustion system is the four-valve pent-roof-type combus-
tion system shown in Fig. 3.10. The main characteristic of the four-valve pent-roof combus-
tion chamber is the large flow area provided by the valves. Consequently, there is a high
volumetric efficiency, even at high speeds, and this produces an almost constant bmep from
mid-speed upward. The inlet tracts tend to be almost horizontal and to converge slightly.
During the induction process, barrel swirl (rotation about an axis perpendicular to the cylin-
der axis) is produced in the cylinder. By disabling one inlet valve, or by having a port throttle,
it is possible to increase the flow velocity through the remaining inlet valve at part throttle.
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Figure 3.9. The effect of turbulence on increasing the operating envelope
of spark ignition engines (Stone, 1999).

This generates axial swirl (swirl about the cylinder axis) and a higher level of barrel swirl,
both of which lead to faster combustion at part load and a greater tolerance to highly diluted
mixtures.

Figure 3.10 shows how the Honda VTEC engine achieves inlet valve disablement (Horie and
Nishizawa, 1992). The engine has a central single overhead camshaft, with valve operation
through rocker arms with roller followers. There are two separate profiles for the inlet cams,
the secondary one having a very low lift (of approximately 0.5 mm [0.2 in.] to prevent liquid
fuel accumulating behind the valve). In normal operation, the hydraulically controlled piston
locks the two inlet valve rocker arms together. For low-load operation, one inlet valve is
controlled by the secondary cam; this can be much narrower because the lower lift requires
much lower accelerations with correspondingly reduced contact forces.

Fast-burn systems are tolerant of high levels of exhaust gas recirculation (EGR), whether the
EGR is being used for the control of nitrogen oxides (NOx) or to reduce the part-load fuel
consumption. The part-load fuel consumption is reduced because EGR leads to a reduction in
the throttling loss. To admit a given quantity of air, the throttle must be more fully open,
thereby reducing the pressure drop (and loss of work) across the throttle.

Fast-burn systems also are tolerant of very weak mixtures. This is relevant to the develop-
ment of lean-burn engines that meet emissions legislation without recourse to the use of a
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Figure 3.10. The Honda VTEC combustion system.
Adapted from Horie and Nishizawa (1992).

three-way catalyst. It also is possible for engines fitted with three-way catalysts to be oper-
ated in a lean-burn mode prior to the catalyst achieving its light-off temperature, or to operate
in a lean-burn mode in selected parts of the operating envelope. A notable example of this is
the Honda VTEC engine (Horic and Nishizawa, 1992). When one of the inlet valves is
disabled at part load (Fig. 3.10) so that the in-cylinder motion becomes more vigorous, the
engine can operate with a weaker mixture. At a part-load operating condition of 1500 rpm
and 1.6 bar bmep, the enginc can operate with an equivalence ratio of 0.66. This gives a
significantly lower brake specific fuel consumption (12% less than at stoichiometric) and less
than 6 g/lkWh of NOx. The three-way catalyst is still capable of oxidizing any carbon monox-
ide or unburned hydrocarbons when the engine is in lean-burn mode.

Figure 3.11 shows the different operating regimes of the Honda VTEC engine, with a signifi-
cant part of the low-speed operation occurring with a weak mixture (an air-fuel ratio of 22
corresponds to an equivalence ratio of 0.66 or lambda of 1.5). A rich mixture is used at full load
for higher speeds because this increases the engine power output and prevents overheating
of the catalyst. This part of the engine operation is not subject to emissions legislation; there-
fore, unburned hydrocarbons and carbon monoxide do not need to be oxidized. The rich mix-
ture will have more rapid combustion. Although the combustion temperature is higher than at
stoichiometric, more work will be done. Also, because of the increased heat transfer (because
of the earlier and higher temperatures), the exhaust temperature will be lower. Furthermore,
there is no oxidation within the catalyst; thus, there is no temperature rise (typically 50 K).
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Figure 3.11. Operating regimes of the Honda VTEC engine. From Horie and Nishizawa
(1992). Produced from the Proceedings of the Institution of Mechanical Engineers
by permission of the Council of the Institution of Mechanical Engineers.

3.4.2 Direct Injection Spark Ignition (DISI)
Combustion Systems

Direct injection spark ignition (DISI) engines have the potential to achieve the specific output
of gasoline engines, but with fuel economy that is said to be comparable to that of diesel
engines. Mitsubishi was the first to introduce a DISI engine in a modern car (Ando 1996),
and Fig. 3.12 shows some details of the air and fuel handling systems, with the spherically
bowled piston being particularly important. Direct injection spark ignition engines operate at
stoichiometric near full load, with early injection (during induction) to obtain a nominally
homogeneous mixture. This gives a higher volumetric efficiency (by approximately 5%)
than a port injected engine because any evaporative cooling is reducing the temperature of
only the air, not the inlet port nor the other engine components. Furthermore, the greater
cooling of the air means that at the end of compression, the gas temperature will be approxi-
mately 30 K lower, and a higher compression ratio can be used (1 or 2 ratios) without the
onset of combustion knock. Thus, the engine becomes more efficient.

In contrast, at part load and low speed, direct injection engines operate with injection during
the compression stroke. This enables the mixture to be stratified, so that a flammable mixture
is formed in the region of the spark plug but the overall air-fuel ratio is weak (and the three-
way catalyst operates in an oxidation mode). However, to keep the engine-out NOx emis-
sions low, it is necessary to be careful in the way the mixture is stratified.
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Figure 3.12. The Mitsubishi GDi (gasoline direct injection) engine.
Adapted from Ando (1996).

The Mitsubishi engine is able to operate in its stratified mode with the air-fuel ratio in the
range of 30 to 40, thus reducing the need for throttled operation. In the homogeneous charge
mode, it mostly operates at stoichiometric; however, similar to the Honda VTEC engine
(Section 3.4.1), it can operate lean at certain load conditions with air-fuel ratios in the range
20-25. With weak mixtures, the air-fuel ratio must be lean enough for the engine-out NOx
emissions to need no catalytic reduction. Satisfactory operation of the engine is dependent on
careful matching of the in-cylinder air flow to the fuel injection. Reverse tumble (clockwise
in Fig. 3.12, the opposite direction to a conventional homogeneous charge engine) must be
carefully matched to the fuel injection. The fuel injector is close to the inlet valves (to avoid
the exhaust valves and their high temperatures), and the reverse tumble moves the fuel spray
toward the spark plug, after impingement on the piston cavity. The injector in the Mitsubishi
engine operates at pressures up to 50 bar with a swirl-generating geometry that helps to reduce
the droplet size, thereby facilitating evaporation.

For stratified charge operation, the fuel is injected during the start of the compression pro-
cess, when the cylinder pressure is in the range 3—10 bar. The higher air density makes the
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spray less divergent than with homogeneous operation, which has injection when the gas
pressure is approximately 1 bar. The greater spray divergence with early injection helps to
form a homogeneous charge.

In addition to properly controlled air and fuel motion, DISI performance is very sensitive to
the timing of injection for stratified charge operation. Jackson et al. (1996) found that cycle-
by-cycle variations in combustion are very sensitive to the injection timing. The Ricardo
combustion system is similar to the Mitsubishi system and uses an injection pressure of
50-100 bar for stratified charge operation. Figure 3.13 shows that a bowl-in-piston design
was needed for stratified charge operation, and that the end of the injection timing window
was only approximately 20°ca, if the cycle-by-cycle variations in combustion were to be kept
below an upper limit for acceptable driveability (a 10% coefficient of variation for the imep).
Furthermore, the injection timing window narrows as the load is reduced, and the end of
injection is essentially independent of load. The reason for the sensitivity to injection timning
has been explained by Sadler et al. (1998).
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Figure 3.13. The effect of injection timing on the cycle-by-cycle variations in combustion
for homogeneous and stratified charge operation. (Only the bowl-in-piston design would
be used for stratified charge mode.) Adapted from Jackson et al. (1996).

Figure 3.14 shows calculations of the fuel and piston displacements in a DISI engine. Con-
sider the fuel injected with a start of injection (SOI) of 310°ca after top dead center on the
non-firing revolution. The fuel strikes the piston (A) and flows to the rim of the piston (B),
and it then is swept toward the spark plug by the tumbling flow to arrive at (C). In Fig. 3.14,
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Figure 3.14. Fuel spray transport calculations for a direct injection spark ignition (DISI)
engine, showing the fuel and piston trajectories. Adapted from Sadler et al. (1998).

the horizontal bars represent the time between the start of injection and some mixture arriving
at the spark plug. Ifthe time is too long, the mixture will be over-diluted,; if the time is too short,
the mixture will be too rich. Results from in-cylinder sampling showed that the best combus-
tion stability coincided with the richest mixture occurring in the region of the spark plug.

Exhaust gas recirculation (EGR) can be usefully applied to direct injection engines, because
with lean operation, there is a high level of oxygen and a low level of carbon dioxide in the
exhaust gas. Jackson et al. (1996) showed that for a fixed bmep of 1.5 bar at 1500 rpm,
applying 40% EGR can lower each of the following: the fuel consumption by 3%, the NOx
emissions by 81%, and the unburned hydrocarbons by 35%. Even with this level of EGR, the
cycle-by-cycle variations in combustion are negligible. They also point out that at some low-
load conditions, it may be advantageous to throttle the engine slightly, because this will have
a negligible effect on the fuel consumption but will reduce the unburned hydrocarbon emis-
sions and cycle-by-cycle variations in combustion.

Although DISI engines are being produced commercially, a number of issues might limit their
use. First, the Mitsubishi engine has a swept volume of 450 cm?> per cylinder, and it may be
difficult to make this technology work in smaller displacement engines. Second, the combus-
tion stability is very sensitive to the injection timing, as well as the ignition timing relative to
the injection timing. Third, although in-cylinder injection should have an inherently good
transient response, complex control issues remain, especially when switching between the
stratified and homogeneous charge operating modes. Fourth, the operating envelope for
unthrottled stratified operation might be quite limited, and this in turn would limit the fuel
economy gains. Fifth, there are questions of inlet port cleanliness because in port injected
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engines, the detergents added to gasoline help to remove combustion deposits from the back
of the inlet valve. (These deposits occur as a result of backflow during the valve overlap
period when an engine is operating at part throttle.) Finally, even if DISI engines are possible,
the higher cost of the fueling system must be justified. Figure 3.15 shows that the different
operating regimes for the direct injection engine and its higher compression ratio give a greater
high-load efficiency.
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Figure 3.15. Comparison between the efficiency of the Mitsubishi GDi engine
and the port injected spark ignition engine of Fig. 2.8.

In Fig. 3.15, the port injected engine has a particularly high bmep because of its variable
geometry induction system.

3.5 Emissions Control

Whole books have been written about exhaust after-treatment (notably Eastwood [2000]);
therefore, the aim here is to review more recent technologies. Three-way catalysts are well
established for spark ignition engines, and when such an engine is operating at stoichiomet-
ric, the catalyst gives substantial reductions (significantly greater than 90%) in the emissions
of carbon monoxide, nitric oxides, and unburned hydrocarbons, when the engine is warmed
up. The major developments now are associated with ensuring a faster catalyst light-off and
improving the durability with a given catalyst loading.

So-called lean-NOx catalysts also have the potential for application in lean-burn spark igni-
tion engines. Particulate traps might become necessary for spark ignition engines. Direct
injection gasoline engines have a limited time for mixing of the air and fuel. Their combus-
tion has some aspects that are similar to combustion in diesel engines. Even with conventional
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port injected spark ignition engines, there are particulate emissions; however, these particu-
lates are too small to be visible with the naked eye and have not yet been the subject of
legislation. The particles smaller than 0.1 um that are present in both diesel and spark igni-
tion engine exhausts have the greatest deposition efficiency in the lungs (Booker, 2000).

3.5.1 Development of the Three-Way Catalyst

Table 3.1 summarizes the emissions legislation that led to the development of the three-way
catalyst.

TABLE 3.1
U.S. FEDERAL EMISSIONS LEGISLATION
(GRAMS OF POLLUTANT PER MILE)

Model Year CO HC NOXx Comments
1966 87 8.8 3.6 Pre-control

1970-1974 34-28 4.1-3.0 4.0-3.1 Retarded ignition, thermal reactors,
exhaust gas recirculation (EGR)

1975 155 1.5 3.1 Oxidation catalysts

1977 15 15 2.0 Oxidation catalyst and improved
EGR

1980 7 0.41 2.0 Improved oxidation catalysts and
three-way catalysts

1981 3.4 0.41 1.0

1994 3.4 0.25 0.4 HC is now non-methane
hydrocarbons

2001 3.4 0.125 0.2 Corporate average for hydrocarbons

2004 1.7 0.09 0.07  Phase-in 2004-2007; corporate

average for all emissions

The U.S. test is a simulation of urban driving from a cold start in heavy traffic. Vehicles are
driven on a chassis dynamometer (rolling road), and the exhaust products are analyzed using
a constant-volume sampling (CVS) technique in which the exhaust is collected in plastic
bags. The gas then is analyzed for carbon monoxide (CO), unburned hydrocarbons (HC), and
nitrogen oxides (NOx) using standard procedures. In 1970, three events—the passing of the
American Clean Air Act, the introduction of lead-free gasoline, and the adoption of cold test
cycles for engine emissions—led to the development of catalyst systems.

Catalysts in the process industries usually work under carefully controlled steady-state condi-
tions, but this is obviously not the case for engines, especially after a cold start. While cata-
lyst systems were being developed, engine emissions were controlled by retarding the ignition
and using exhaust gas recirculation (both to control NOx) and a thermal reactor to complete
oxidation of the fuel. These methods of NOx control led to poor fuel economy and poor
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driveability (that is, poor transient engine response). Furthermore, the methods used to reduce
NOx emissions tend to increase CO and HC emissions, and vice versa (Fig. 2.11). The use of
EGR and retarding the ignition also reduce the power output and fuel economy of engines.

Catalysts were able to overcome these disadvantages and meet the 1975 emissions require-
ments. Figure 3.16 shows the operating regimes of the different catalyst systems.

Three-Way
Catalyst

_ Oxidation Catalyst ; Reduction Catalyst

i

100

o}
o

Conversion Efficiency (%)

.
0 096 097 098 099 100 101 102 103 1.04 1.05
Equivalence Ratio, ¢

Figure 3.16. Conversion efficiencies of catalyst systems.
Courtesy of Johnson Matthey.

With rich-mixture running, the catalyst promotes the reduction of NOx by reactions involving
HC and CO:

4HC+10NO —4C0O, +2H,0+5N, and  2CO+2NO —2C0O, +N,

Because there is insufficient oxygen for complete combustion, some hydrocarbons and carbon
monoxide will remain unreacted. With lean-mixture conditions, the catalyst promotes the
complete oxidation of the hydrocarbons and carbon monoxide

4HC+5NO, »>4C0,+2H,0 and  2CO+0, —2CO,

With oxygen present, nitric oxides will not be reacted.
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Oxidation catalyst systems were the first to be introduced, but NOx emissions still had to be
controlled by EGR. Excess oxygen was added to the exhaust (by an air pump) to ensure the
catalyst could always oxidize the CO and HC.

Dual catalyst systems control NOx emissions without resorting to EGR or retarded ignition
timings. A feedback system incorporating an exhaust oxygen sensor is used with a carburetor
or fuel injection system to control the air-fuel ratio. The first catalyst is a reduction catalyst,
and by maintaining a rich mixture, the NO is reduced. Before entering the second catalyst, air
is injected into the exhaust to enable oxidation of the CO and HC to take place in the oxida-
tion catalyst.

Conventional reduction catalysts are liable to reduce NOx but produce significant quantities
of ammonia (NH3). This would be oxidized in the second catalyst to produce NOx. How-
ever, by using a platinum/rhodium system, the selectivity of the reduction catalyst is improved,
and a negligible quantity of ammonia is produced.

Three-way catalyst systems control CO, HC, and NO emissions as a result of developments to
the platinum/rhodium catalysts. As Fig. 3.16 shows, close control is needed on the air-fuel
ratio. This normally is achieved by electronic fuel injection, with a lambda sensor to provide
feedback by measuring the oxygen concentration in the exhaust. A typical air-fuel ratio pertur-
bation for such a system is +0.25 (or +£0.02¢). When a three-way catalyst is used, it requires
first an engine management system capable of accurate air-fuel ratio control, and second a
catalyst. Both of these requirements add considerably to the cost of an engine. Because a
three-way catalyst must always operate with a stoichiometric air-fuel ratio, at part load this
means the maximum economy cannot be achieved (Fig. 2.9). The fuel consumption penalty
(and the increase in carbon dioxide emissions) associated with stoichiometric operation is
approximately 10%.

Fortunately, the research into lean-burn combustion systems can be exploited, to improve the
part-load fuel economy for engines operating with stoichiometric air-fuel ratios, by using
high levels of EGR. A combustion system designed for lean mixtures also can operate satis-
factorily when a stoichiometric air-fuel mixture is diluted by exhaust gas residuals. At part
load up to approximately 30%, EGR can be used. This reduces the volume of flammable
mixture induced, and consequently, the throttle must be opened slightly to restore the power
output. With a more open throttle, the depression across the throttle plate is reduced, and the
pumping work (or pmep) is lower. Nakajima et al. (1979) showed that for a bmep of 3.24 bar
with stoichiometric operation at a speed of 1400 rpm, they were able to reduce fuel consump-
tion by approximately 5% through the use of 20% EGR on an engine with a fast-burn com-
bustion system.

Figure 3.17 shows the construction of a typical three-way catalyst, and the technology used in
the catalyst has been reviewed by Milton (1998). The catalyst is supported on either a metal
or ceramic substrate (alumina Al,0O3, aluminum oxide), which typically has an approximately
square cross-section passage of width 1 mm (0.02 in). Ceramic substrates are used more
commonly and have a flow area of approximately 70% of the cross section, compared to
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Figure 3.17. Construction of a three-way catalyst. Adapted from Gunther (1988).

approximately 90% for metal substrates. The substrate is covered with a washcoat based on
Y¥-A1,0;5 (chosen for its porosity), but also containing the catalyst materials and stabilizers
such as cerium oxide (CeO,) and barium oxide (BaO). Unfortunately, y-A1,05 turns to
0—Al,O5 at 900°C (1652°F), and the porosity is lost; therefore, stabilizers are added to enable
higher operating temperatures. The catalyst material is mostly platinum (approximately 85—
95%), but there are also significant quantities of rhodium.

The cerium oxide (ceria) has the ability to store oxygen under weak operating conditions and
release it during rich-mixture operation. This is important for the operation of the three-way
catalyst because the simple lambda sensor (Section 3.7.2) can determine only whether a mix-
ture is weak or rich. Thus, the engine management system seeks to oscillate the air-fuel ratio
around stoichiometric with a frequency of approximately 1 Hz. This means that the ability of
the catalyst to store oxygen and pollutants is important. By installing a second lambda sensor
downstream of the catalyst and looking at the amplitude of its response compared to the
upstream sensor, it is possible to assess the oxygen storage performance of the catalyst. The
better the condition of the catalyst, the greater the attenuation of the oxygen fluctuations at
the catalyst exit (Rieck et al., 1998).

3.5.2 Durability

As a catalyst ages, its performance changes in several ways. First, its light-off temperature
rises, then its conversion efficiency falls, and finally, its response to different components in
the exhaust changes. The catalyst performance deteriorates through a number of mecha-
nisms: poisoning of the catalyst, failure of the substrate, and sintering (a process by which
the catalytic material agglomerates and its effective area is reduced).

Poisoning is deactivation of the catalytic material through deposits. Operating an engine on
leaded fuel (0.125 gPb/L) would degrade the performance of the catalyst by approximately
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25% after 60 hours of use. Sulfur also degrades the catalyst through sulfate deposits. Euro-
pean legislation limits sulfur content to 500 ppm by mass, but 200 ppm is typical. The cata-
lyst will convert the sulfur dioxide to sulfur trioxide (and then sulfuric acid) in an oxidizing
environment. In a rich mixture, hydrogen sulfide (H,S, which has the odor of rotten eggs) is
formed, and this often is noticeable during engine warm-up, especially with the removal of
nickel oxide from the catalyst on health grounds. Nickel oxide promotes the oxidation of
hydrogen sulfide.

3.5.3 Catalyst Light-Off

With increasingly demanding emissions legislation, it is even more important for the catalyst
to start working as soon as possible. The thermal inertia of the catalyst can be reduced by
using a metal matrix because the foil thickness is approximately 0.05 mm (0.002 in.). Ceramic
matrices usually have a wall thickness of approximately 0.3 mm (0.01 in.), but this can be
halved (Yamamoto et al., 1991) to give a slight improvement in light-off performance. Sys-
tems to promote catalyst light-off might usefully be classified as passive or active, with active
being when an external energy input is used. Two active systems are electrically heated
catalysts (using metal substrates) and exhaust gas ignition (EGI). Exhaust gas ignition
requires the engine to be run very rich of stoichiometric and then adds air to the exhaust
stream, so that an approximately stoichiometric mixture then can be ignited in the catalyst
(Eade et al., 1996). The mixture is ignited by a glow-plug situated in the chamber formed
between two catalyst bricks.

Electrically heated catalysts (EHCs) are placed between the close-coupled catalyst and the
downstream catalyst. Electrically heated catalysts have a power input of approximately
5.5 kW and are energized for 15-30 seconds before engine cranking, to raise their tempera-
ture to approximately 300°C (572°F). When the engine is firing, the electrical power input is
reduced by a controller that responds to the catalyst temperature. Table 3.2 shows results
from a study of two vehicles fitted with an EHC (Heimrich et al., 1991).

TABLE 3.2
FEDERAL TEST PROCEDURE PERFORMANCE FOR
TWO VEHICLES FITTED WITH
ELECTRICALLY HEATED CATALYSTS (EHC)
(HEIMRICH ET AL., 1991)

Fuel

NMOG, Co, NOXx, Economy,
Configuration g/mi g/mi g/mi mpg
Vehicle 1, No EHC 0.15 1.36 0.18 20.2
Vehicle 1, With EHC* 0.02 0.25 0.18 19.7
Vehicle 2, No EHC 0.08 0.66 0.09 25.4
Vehicle 2, With EHC" 0.02 0.30 0.05 24.3

* With injection of 300 L/min of air; 75 s for cold start, 30 s for hot start.
" with injection of 170 L/min of air for 50 s for cold start.
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The performance of an EHC probably would be better than this when it is incorporated into
the engine management strategy by the vehicle manufacturer. However, with EHC systems,
there are questions about durability, and indeed any active system is likely to be used when it
is the only solution.

Passive systems rely on thermal management. Typically, a small catalyst is placed close to
the engine, so that its reduced mass and higher inlet temperatures give quicker light-off. Its
small volume limits the maximum conversion efficiency; thus, a second larger catalyst is
placed farther downstream, under the car body. Another strategy is to operate with a retarded
ignition timing. Because there is less in-cylinder heat and work transfer, the exhaust tempera-
tures are higher. Proposals also have been made for storing the unburned hydrocarbons prior
to catalyst light-off, and then re-introducing them into the exhaust stream after light-off.

A recent development from Johnson Matthey is a catalyst with light-off temperatures in the
range 100-150°C (212-302°F) for carbon monoxide and hydrogen. The engine is initially
operated very rich (thereby reducing NO emissions and increasing the levels of carbon monox-
ide and hydrogen). Air is added after the engine to make the mixture stoichiometric, and the
exothermic oxidation of the carbon monoxide and hydrogen heats the catalyst. Initially,
unburned hydrocarbons must be stored in a trap, for release after the catalyst is fully warmed up.

3.5.4 Lean-Burn NOx-Reducing Catalysts, “DENOx"”

It has already been reported how stoichiometric operation compromises the efficiency of
engines, but that for control of NOx, it is necessary to operate either at stoichiometric or
sufficiently weak (say, an equivalence ratio of 0.6), such that there is no need for NOx reduc-
tion in the catalyst. Ifa system can be devised for NOx to be reduced in an oxidizing environ-
ment, this gives scope to operate the engine at a higher efficiency.

A number of technologies are being developed for “DENOX,” some of which are more suit-
able for diesel engines than spark ignition engines. The different systems are designated
active or passive (passive being when nothing must be added to the exhaust gases). The
systems are as follows:

a. Selective Catalytic Reduction (SCR). In this technique, ammonia (NH3) or urea
(CO(NH,;),) is added to the exhaust stream. This is likely to be more suited to stationary
engine applications. Conversion efficiencies of up to 80% are quoted, but the NO level
must be known, because if too much reductant is added, ammonia would be emitted.

b. Passive DENOx. These use the hydrocarbons present in the exhaust to chemically
reduce the NO. There is a narrow temperature window (in the range 160-220°C [320—
428°F] for platinum catalysts) within which the competition for HC between oxygen and
nitric oxide leads to a reduction in the NOx (Joccheim et al., 1996). The temperature
range is a limitation and is more suited to diesel engine operation. More recent work with
copper-exchanged zeolite catalysts has shown them to be effective at higher temperatures.
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By modifying the zeolite chemistry, a peak NOx conversion efficiency of 40% has been
achieved at 400°C (752°F) (Brogan et al., 1998).

c. Active DENOx Catalysts. These use the injection of fuel to reduce the NOx, and a
reduction in NOx of approximately 20% is achievable with diesel-engined vehicles on
typical drive cycles, but with a 1.5% increase in fuel consumption (Pouille et al., 1998).
Current systems inject fuel into the exhaust system, but there is the possibility of late
in-cylinder injection with future diesel engines.

d. NOx Trap Catalysts. In this technology (first developed by Toyota), a three-way cata-
lyst i1s combined with a NOx-absorbing material to store the NOx when the engine is
operating in lean-burn mode. When the engine operates under rich conditions, the NOx
is released from the storage media and reduced in the three-way catalyst.

NOx trap catalysts have barium carbonate deposits between the platinum and the alumina
base. During lean operation, the nitric oxide and oxygen convert the barium carbonate to
barium nitrate. A rich transient (approximately 5 s at an equivalence ratio of 1.4) is needed
every five minutes or so, such that the carbon monoxide, unburned hydrocarbons, and hydro-
gen regenerate the barium nitrate to barium carbonate. The NOx that is released is then
reduced by the partial products of combustion over the rhodium in the catalyst. Sulfur in the
fuel causes the NOx trap to lose its effectiveness because of the formation of barium sulfate.
However, operating the engine at high load to give an inlet temperature of 600°C (1112°F),
with an equivalence ratio of 1.05, for 600 s can be used to remove the sulfate deposits (Bro-
gan et al., 1998).

3.6 Power Boosting

The way to increase the power output of an engine is to increase the air flow into the engine.
This can be done passively by exploiting the unsteady nature of the inlet and exhaust flows
(Section 3.6.1) or by using an external compressor, which is a technique known as super-
charging. When the compressor is driven by an exhaust gas turbine, the device is known as a
turbocharger, and these are most effective on diesel engines. In spark ignition engines, there
is a wider speed range and an even wider variation in the air flow (because of throttling);
therefore, this exacerbates the problem of poor transient response, known as turbo-lag. Tur-
bochargers will be discussed fully in the context of diesel engines (Section 4.5); supercharg-
ing will be restricted in meaning here to a compressor driven from the engine crankshaft and
is the subject of Section 3.6.2.

3.6.1 Variable Valve Timing and Induction Tuning

The intermittent flow in reciprocating engines leads to pressure pulsations, the amplitude and
frequency of which depend on the geometry of the induction and exhaust systems. This
subject has been treated comprehensively in two books by Winterbone and Pearson (1999 and
2000). The volumetric efficiency of an engine can be improved if a pressure pulsation arrives
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at the inlet valve between bdc and its closure (approximately 40°). With a fixed geometry
induction or exhaust system, there will be a sequence of speeds at which resonance occurs;
however, between each resonance, there also will be a minima in the volumetric efficiency.
The minima can be avoided either by using a variable geometry induction system or by changing
the valve timing.

An example of a variable valve timing (VVT) mechanism in production that can control the
duration and phasing of a camshaft is provided by the Rover VVC (variable valve control)
system, which is used on the inlet camshafts of some K16 engines (Whiteley, 1995; Parker,
2000). The mechanism is essentially a non-constant velocity drive system interposed
between the cam drive pulley and the cam lobes. The VVC mechanism controls the valve
duration from 220 to 295°ca, with a corresponding change in valve overlap from 21 to 58°ca.
Thus, with the maximum valve period, inlet valve closure has also been delayed by 38°ca.
Table 3.3 compares the performance of the 1.8-liter VVC and conventional engines.

TABLE 3.3
COMPARISON OF ROVER K16 1.8-LITER IN-LINE
FOUR-CYLINDER ENGINES

WITH AND WITHOUT VVC
Speed (rpm) Speed (rpm)
Maximum for Maximum Maximum for Maximum
Engine bmep (bar) bmep Power (kW) Power
Standard 11.6 3000 90 5500
vwC 12.2 4500 108 7000

The VVC engine also had larger valves, with the inlet valves increased from 27.3 to 31.5 mm
(1.1 to 1.24 in.), and the exhaust valves increased from 24.0 to 27.3 mm (0.9 to 1.1 in.).

A variable geometry induction system has been used on the Rover KV6 engine (the V-6
version of the engine discussed in Table 3.3), for which the full-load operating modes and
torque curve are shown in Fig. 3.18. Below approximately 2750 rpm, both the connect valve
and balance valve are closed, so that the engine behaves similarly to two three-cylinder engines
with long secondary pipes. Between 2750 and 3500 rpm, the connect valve is opened, and
above 3500 rpm, the balance valve also is opened to give the maximum torque at 4000 rpm,
with a bmep of 12.1 bar. This compares with a maximum bmep of 12.2 bar obtained at
4500 rpm in the K16 engine with VVC. At full load, the system operates to maximize the
volumetric efficiency, whereas at part load, the two valves are closed. This reduces the volu-
metric efficiency, so that wider open throttle settings are needed, thereby reducing the pump-
ing losses and reducing the fuel consumption.

3.6.2 Supercharging

Supercharging is restricted in meaning here to compressors driven from the crankshaft.
When the compressor is driven by an exhaust gas turbine, it is known as turbocharging, and
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Figure 3.18. The variable geometry induction system used on the Rover KV6 engine,
with its torque curve and operating modes. Adapted from Whiteley (1995).

turbocharged spark ignition engines are discussed in Section 4.5.3. Supercharging usually is
achieved by driving a positive displacement compressor from the crankshaft. Radial flow
compressors are not used because they would have to be driven at least an order of magnitude
faster than the engine, and with a variable ratio drive. In contrast, because the engine is a
positive displacement device, a positive displacement compressor will be well matched to an
engine with a simple constant ratio drive.

Figure 3.19 shows two types of positive displacement compressor, the Roots blower and a
vane compressor, with their pressure -volume diagrams. The operation of the Roots blower is
described by Fig. 3.19, and it depends on there being a lower volumetric flow rate on the high-
pressure side than at its inlet. A volume of air is trapped at ambient pressure, and the pressure
is unchanged until this trapped volume is transported to the high-pressure side. At the instant
that the high-pressure port is uncovered, the air in the rotor is compressed by the irreversible
reverse flow of the high-pressure air from downstream of the Roots blower. Thus, the work
done is the rectangular arca abed in Fig. 3.19. This work is executed as the rotor turns, to
displace the volume of high-pressure gas (corresponding to the trapped volume of the rotor)
out of the Roots blower. This model assumes the downstream volume is sufficiently large
compared to the trapped volume, for the delivery pressure to remain constant. The efficiency
of the Roots blower falls rapidly with an increase in its pressure ratio because of the absence
of any internal compression. The performance of a Roots compressor is further compromised
by its mechanical losses and its volumetric efficiency. Because of losses (including internal
leakage), the volume flow rate into the compressor is reduced, but the work is still area abcd
in Fig. 3.19 (Stone, 1988).

The vane compressor has internal compression, and it will have a high efficiency when the
system requires operation at this pressure ratio. If this internal pressure rise is below the
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Figure 3.19. Positive displacement compressors, a Roots blower (upper) and vane
compressor (lower), and their pressure—volume diagrams. Adapted from Stone (1988).

required pressure ratio, then there is external irreversible compression as with the Roots blower.
If the required pressure ratio is lower than the internal pressure ratio, there will be irreversible
expansion and a rapid fall in efficiency (Stone, 1988).

With a supercharged spark ignition engine, the compression ratio will have to be reduced to
avoid knock, and this will lower the engine efficiency. However, a small displacement super-
charged engine can still be more efficient than a large displacement naturally aspirated engine
because there is scope for reducing the part-load throttling losses. This is best illustrated by
using a case study, such as the Jaguar four-liter engine (Joyce, 1994). In normal use, it will be
operating under comparatively low load and speed conditions, the exact conditions from which
turbo-lag would be most significant. Obviously, a supercharger will lead to worse fuel economy
than a turbocharger, because there is no recovery of the exhaust gas expansion work. How-
ever, because of the limit to boost pressure imposed by fuel quality and knock, the pressure
ratio will be comparatively low, and the fuel economy penalty will not be unacceptable. In
any case, people who want a supercharged four-liter engine probably will be more concerned
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with performance than economy. Jaguar adopted a Roots compressor with a pressure ratio of
1.5 and an air/coolant/air intercooler. The other main loss is leakage past the rotors, which
depends solely on the pressure ratio and seal clearances, and not on the flow rate through the
compressor. Leakage losses are most significant at low speeds because the flow rates are low
and the running clearances are greatest (due to the comparatively low temperature of the
compressor). Jaguar found that inlet system deposits on the Roots blower rotors led to an
in-service reduction in the leakage loss.

At part-load operation, the supercharger is unnecessary; therefore, one option is to use a
clutch to control its use. However, to avoid a loss of refinement through engaging and disen-
gaging the supercharger, Jaguar adopted a permanent drive with a step-up speed ratio of 2.5.
(The drive must meet a requirement of 34 kW. If a continuously variable ratio drive is avail-
able, then throttling losses can be reduced at part-load operation by running the supercharger
more slowly and using it as an expander.) To avoid unnecessary compression in the super-
charger, a bypass valve opens at part load (in response to manifold pressure), and there is no
compression (Fig. 3.20). The main throttle is upstream of the supercharger.

Throttle

*—— Compressor Intercooler

Bypass Valve

Figure 3.20. Arrangement of the supercharger and bypass valve
to avoid unnecessary compressor work.

An intercooler is used; otherwise, the performance gains from supercharging could be reduced
by approximately 50%. Without an intercooler, the supercharger outlet temperature would be
limited to approximately 80°C (176°F), compared to 120°C (248°F) with the intercooler.
After the intercooler, the temperature might be approximately 50°C (122°F). Thus, the inter-
cooler increases the output of the engine in two ways. First, the higher pressure ratio and the
cooler air temperature both increase the air density. Second, the lower temperature allows a
higher boost pressure or compression ratio for knock-free operation with a given quality fuel.

Table 3.4 compares the naturally aspirated and the supercharged Jaguar AJ6 engines. Both
have an aluminum cylinder head with four valves per cylinder, a bore of 91 mm, and a stroke
of 102 mm.

The supercharged engine uses the same camshafts (242°ca valve open period) as the naturally
aspirated engine, but with zero overlap at top dead center to avoid short-circuiting loss of the
mixture at high load conditions and to give good idle stability.



132 Automotive Engineering Fundamentals

TABLE 3.4
COMPARISON OF NATURALLY ASPIRATED AND
SUPERCHARGED JAGUAR AJ6 ENGINES

Naturally Aspirated Supercharged
Compression Ratio 9.5 8.5
Maximum Torgque (Nm) 370 at 3500 rpm 510 Nm at 3000 rpm
bmep (bar) 11.6 16.0
Maximum Power (kW) 166 at 5000 rpm 240 at 5000 rpm
bmep (bar) 10.0 14.4

The supercharged engine has a higher power and torque output than the naturally aspirated
6-liter V-12 engine. Table 3.5 compares the brake specific fuel consumptions of the engines
at both the same bmep and the same torque (64 Nm, corresponding to a bmep of 2 bar for the
4-liter engine and 1.33 bar for the 6-liter engine).

TABLE 3.5
COMPARISON OF BRAKE SPECIFIC FUEL CONSUMPTIONS (bsfc) (kg/kWh)
FOR NATURALLY ASPIRATED AND SUPERCHARGED JAGUAR ENGINES
AT 2000 RPM, FOR A FIXED BMEP AND A FIXED TORQUE

Engine 2 bar bmep 64 Nm Torque
6.0-Liter V-12 0.414 0.54
4.0-Liter Supercharged 0.412 0.41
4.0-Liter Naturally Aspirated 0.390 0.39

The supercharged engine shows a slight loss of fuel economy compared with the naturally
aspirated engine, but a substantial fuel economy benefit compared to the V-12 engine, espe-
cially when the comparison is made on the basis of a specified torque. The greater output of
the supercharged engine allows a higher gearing compared to the naturally aspirated engine,
which partially compensates for the lower fuel economy of the engine.

3.7 Engine Management Systems

3.7.1 Introduction

Figure 3.21 shows an engine management system. The purpose of all the sensors and actua-
tors will be discussed in this section, with some control strategies. Turner and Austin (2000)
provide a useful summary of sensor technologies, with details of the signal conditioning and
processing. They also indicate how the information is used, and the likely developments in
sensors, especially in terms of intelligent sensors (in which some of the signal conditioning is
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Figure 3.21. Engine management system. Courtesy of Ford Motor Company.

integral to the transducer). The engine management system must control the engine in response
to both engine and vehicle inputs, but initially, only engine inputs will be considered. The
engine management system also might be responsible for additional functions, such as trans-
mission ratio selection. The most important parameters to be controlled are the ignition timing
and air-fuel ratio, but it also is necessary to control some or all of the following:

* EGRvalve

» Air purge to the fuel vapor storage canister
» Throttle position (or idle speed adjustment)
* Variable geometry induction system settings
+ Variable valve timing system settings

On a test bed, it is usual to define the engine operating point in terms of speed and bmep (or
torque). However, because torque is difficult to measure in a vehicle installation, it is usual
to deduce the torque from measurements such as throttle setting, manifold pressure, and air
flow rate.

Sensors that will be found in a typical installation are listed here, with their usual technol-
ogy type and whether the signal is analog or digital. The technology of each type will be
discussed, in addition to how the information is used.
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Crankshaft speed/position—Inductive pickup (digital)

Camshaft position—Inductive pickup (digital)

Throttle position—Potentiometer (analog)

Air flow rate—Moving vane with a potentiometer or a hot wire probe (analog)
Inlet manifold absolute pressure—Strain-gauged diaphragm (analog)

Air temperature—Thermistor (analog)

Coolant temperature—Thermistor (analog)

Air-fuel ratio—Lambda sensor (digital or analog)

Knock detector—Accelerometer (analog)

There are two types of control systems: open loop, and closed loop. Open loop control
systems rely on a parameter (e.g., ignition timing) being set on the basis of stored information
(usually in some form of look-up table), with the particular ignition timing being selected on
the basis of measurements such as engine speed, manifold pressure, and coolant temperature.
In contrast, closed loop control systems rely on measuring the effect of a parameter that is
being varied, to control the parameter to a target value. The best example of closed loop is
probably air-fuel ratio control, which uses a lambda sensor to deduce the injection duration
needed for stoichiometric operation. The closed loop system will make use of stored infor-
mation to make an estimate of the necessary injection duration, and it is possible for this
stored information to be updated on the basis of feedback, to allow for changes in the injector
flow characteristics. Also, there will be no feedback before the lambda sensor has warmed
up; therefore, during warm-up, it is necessary to use open loop control. The operation of the
principal sensors will now be described.

3.7.2 Sensor Types

3.7.2.1 Crankshaft Speed/Position and Camshaft Position

Figure 3.22 shows the construction of an inductive pickup and its associated analog output. A
magnetic field originating from the magnet passes through the soft iron core of the coil. The
strength of the magnetic field in the coil will depend on the “magnetic conductance” in the
remainder of the magnetic circuit. When a tooth on the toothed wheel (typical spacing 10°ca)
aligns with the pickup core (as depicted in Fig. 3.22), the magnetic field will be strong, as the
magnetic path is completed through the engine structure. Conversely, when there is an air gap
opposite the core, the field will be weaker, and when there is a big gap (due to the missing
tooth), the field will be very weak. The voltage generated by the coil is proportional to the
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Figure 3.22. An inductive pickup, and its waveform before and after
signal conditioning. Adapted from Lembke (1988).

rate of change in the strength of the magnetic field; thus, when the missing tooth passes the
pickup, there will be an increase in both the amplitude and period. The analog signal can be
signal-conditioned (by a high-gain amplifier that saturates at a fixed voltage) to provide pulses
of constant voltage. Otherwise, the faster the engine, the higher the amplitude of the pulses.

The reference pulse provides the engine management system with the crankshaft datum posi-
tion, and the shorter duration pulses provide engine position and speed information. The
pulses can be fed to a phase lock loop circuit that generates pulses at a higher frequency that
is a multiple of the base frequency (ignoring the missing tooth). The pulses can be generated
every degree of crank angle, which is finer than the spacing of the teeth on the toothed wheel.
The camshaft pickup needs only to establish whether a reference cylinder is on the gas
exchange or compression/expansion strokes, because accurate positional information comes
from the crankshaft, unless it also is being used as part of a variable valve timing control
system.

The crankshaft timing information can be used for controlling the following:

+ Ignition timing

* Ignition coil-on time

+ Start of injection

» Switching of any cam profiles (e.g., in the Honda VTEC system)

In the Rover VVC system (which introduces a non-constant velocity in the camshaft drive to
lengthen or shorten the cam period), the cam flag can be used to provide feedback on the
VVC system setting. The cam flag usually is arranged so that its output is high for half a
revolution and low for the other half. With a constant velocity, this will lead to a square wave.
When the VVC system is being used (which produces a non-constant velocity ratio drive, as
discussed in Section 3.6.1), the ratio of the high period to the low period will enable the
engine management system to deduce the cam period (Parker, 2000).
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Finally, because of the intermittent nature of combustion and the kinematics of the reciprocat-
ing engine, the torque produced by an engine varies within its cycle. This in turn leads to
speed fluctuations, from which it is theoretically possible to deduce the torque being contrib-
uted by each cylinder. In practice, the speed fluctuations are quite small (especially at high
speeds); therefore, the resulting information has a poor signal-to-noise ratio. Nonetheless,
crankshaft speed fluctuations deduced from the period variations of the toothed wheel pulses
can be used to detect misfire (e.g., Connolly, 1994). This is important for two reasons. First,
a misfire will lead to a high level of unburned hydrocarbons, even after a catalyst. Second, if
there is persistent misfire, then oxidation of fuel within the catalyst can lead to overheating
and failure of the catalyst.

3.7.2.2 Throttle Position

The throttle position information is provided by a potentiometer, and this provides an indica-
tion to the engine of the load being demanded by the driver. In the case of a direct connection
between the accelerator pedal and the throttle, the potentiometer provides immediate infor-
mation about a change in demand, even before there is a change in air flow rate. In the case
of drive-by-wire systems, the accelerator pedal is connected to a potentiometer, and this informs
the engine management system of the driver’s demands. The throttle potentiometer then
provides feedback of its position to the throttle actuator and engine management system.

Immediate knowledge of throttle transients is important because it enables strategies to be imple-
mented for controlling fueling changes during transients. Because small changes in throttle
position have a large effect on the air flow when the throttle starts to open, an idle speed control
valve allows an air flow to bypass the throttle plate, to provide idle speed control.

3.7.2.3 Air Flow Rate

The air flow rate initially was measured by a pivoting vane (or flap) with a potentiometer, but
now a hot wire probe is more common because it has a faster response (say, 5 ms, compared
with 35 ms for the vane). The hot wire is part of an electrical bridge circuit, and by determin-
ing the resistance of the wire, its temperature can be deduced. By keeping the wire at a
constant temperature above the air temperature, and measuring the power that is dissipated by
the wire, the air mass flow passing it can be calculated. The 70-mm platinum wire is placed
in a venturi section because this speeds the air flow to give a greater cooling effect and thus a
stronger signal. Because dirt on the wire would change its performance, the hot wire can be
heated briefly when the engine is started or switched off, to burn off any contamination; the
platinum has a catalytic effect that promotes oxidation of any dirt on the wire. The circuitry
for controlling the wire temperature and amplifying the mass flow signal is integral to the air
flow meter. Thus, a signal of a few volts is sent to the electronic control unit—high-level
signals are used to make them less susceptible to the effects of electrical noise. Further
details are provided by Felger (1988).

Unfortunately, the hot wire anemometer is insensitive to the flow direction, and as wide open
throttle (WOT) is approached, the flow becomes more strongly pulsating, and there can be a
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backflow of air out of the engine (especially with a tuned induction system). If a hot wire
anemometer is used, it is necessary to deduce the flow direction (by means of a pressure drop,
or by looking for when the flow rate falls to zero), or alternatively to rely on the engine
management system to correct the hot wire anemometer results for when backflow is present.

The air flow rate into the engine is a key input for determining the quantity of fuel to be
injected and defining the engine operating point. Deducing the air flow rate from the engine
speed and throttle position might seem reasonable in theory. However, the throttle response
to air flow is very nonlinear, and such a system cannot take into account changes in ambient
pressure—at 3000 m, atmospheric pressure is only 70% of the sea-level value.

3.7.2.4 Inlet Manifold Absolute Pressure

The inlet manifold pressure can be measured by a piezo-resistive transducer comprising a
silicon diaphragm that has strain gauges etched onto its surface. The signal conditioning
(based on a Wheatstone bridge) is integrated into the transducer, so that the signal voltage is
large compared to any background noise. One side of the transducer must be hermetically
sealed to ensure that the pressure measured is indeed an absolute pressure (i.e., it is not rela-
tive to ambient pressure). The engine speed, air temperature, and manifold absolute pressure
enable an estimate to be made of the mass flow rate into the engine. When this is compared
with the air mass flow rate, it is possible to deduce the level of exhaust gas recirculation. An
alternative to a piezo-resistive transducer is when the displacement of the diaphragm is
deduced by the change in capacitance relative to a stationary electrode.

3.7.2.5 Air Temperature and Coolant Temperature

Temperatures are conveniently measured by thermistors. These are semiconductor devices
that have a resistance that falls rapidly with increasing temperature. They are cheap, and the
high-temperature coefficient of resistance enables a signal to be generated with a good ratio
of signal to noise. They have a nonlinear temperature dependence, but this is easily linearized
by the high computing power in the electronic control unit.

3.7.2.6 Air-Fuel Ratio

Stoichiometric operation can be determined from a lambda sensor (Fig. 3.23); however, a
more sophisticated oxygen sensor is needed to measure the air-fuel ratio. When a three-way
catalyst is to be used, it is essential to use a feedback system incorporating such a sensor to
maintain an air-fuel ratio that is within approximately 1% of stoichiometric. The oxygen or
lambda sensor has been described by Wiedenmann et al. (1984). One electrode is exposed to
air, and the other electrode is exposed to the exhaust gas. The difference in the partial
pressures of oxygen leads to a voltage difference that is related to the difference in partial
pressures. Because the platinum electrode also acts as a catalyst for the exhaust gases, then
for rich or stoichiometric air-fuel ratios, there is a high output from the lambda sensor (just
below 1 V) because the partial pressure of the oxygen will be many orders of magnitude
lower than for air. With weak mixtures, the voltage falls to the order of 0.1 V. The platinum
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Figure 3.23. Cross-section drawing of an exhaust oxygen sensor: (1) Contact element.
(2) Protective ceramic element. (3) Sensor ceramic. (4) Protective tube (exhaust end).
(5) Electrical connection. (6) Disc spring. (7) Protective sleeve (atmosphere end).
(8) Housing (-). (9) Electrode (-). (10} Electrode (+).

Reproduced with permission from Robert Bosch Ltd.

electrodes are deposited on zirconia (ZrO,) stabilized with yttrium oxide. At high tempera-
tures, this acts as a solid electrolyte for oxygen ions (O27), so that a voltage difference is
established between the two electrodes. Measuring the voltage will lead to a flow of elec-
trons in the measuring circuit to and from the electrodes, and this circuit is completed by the
flow of oxygen ions through the zirconia.

Because the sensor is used in a way that decides whether the mixture is rich or weak, a control
system is needed that makes the air-fuel ratio perturbate around stoichiometric. Because the
lambda sensor will work only when it has reached a temperature of approximately 300°C
(572°F), this feedback control system can be used only after the engine has started to warm
up. The warm-up time can be reduced by having an electrical heating element in the center of
the sensor, and this reduces the warm-up time (to 20-30 s). The response time falls with
increasing temperature—from the order of seconds at 300°C (572°F) to below 50 ms at 600°C
(1112°F). This is another reason for having electrical heating.

For lean-burn engine control, it is necessary to evaluate the partial pressure of the oxygen (as
opposed to deciding whether or not oxygen is present), and this has led to the development of
the universal exhaust gas oxygen sensor (UEGO—sometimes prefixed with H because the
sensor is heated).

Figure 3.24 shows the UEGO sensor, which in effect is a pair of lambda sensors, constructed
from three layers of zirconia. All of the layers are heated, but only the top two layers have
platinum electrodes and electrical connections. The UEGO sensor operates by seeking to
maintain a constant low oxygen partial pressure in the cavity between the sensing cell and
the pumping cell. The whole assembly is heated to maintain a constant temperature because
the voltage-oxygen partial pressure response is temperature dependent. The sensing cell mea-
sures the oxygen partial pressure, and the current imposed on the pumping cell seeks to
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Figure 3.24. The universal exhaust gas oxygen (UEGO) sensor:
(a) structure, and (b) operation (Zhao and Ladommatos, 2001 ).

maintain a constant oxygen partial pressure in the measurement cavity between the sensing
cell and the pumping cell.

When a weak mixture is present, the concentration gradient between the exhaust gas and the
measurement cavity will cause oxygen to diffuse through the porous gas intake, and the elec-
trical current in the pumping cell (which is removing oxygen) will be proportional to the
oxygen concentration in the exhaust gas. With rich mixtures, the partial products of combus-
tion (CO, H,, and hydrocarbons) that have diffused into the measurement cavity will be oxi-
dized, thus causing more to diffuse through the porous gas intake. The richer the mixture, the
greater the flow rate of reactants diffusing into the measuring cavity, and the greater the
current flow in the pumping cell that is adding oxygen (to maintain the constant oxygen
level), so the current will be proportional to the exhaust gas richness.
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3.7.2.7 Knock Detector

The knock detector is an accelerometer that detects engine structural vibrations (Fig. 3.25). If
a knock detector is fitted, it can retard the ignition at the onset of knock, thereby preventing
damage to the engine. The cylinder pressure oscillations associated with combustion knock
cause the engine structure to vibrate, and this is why knock can sometimes be heard. Tests
must be conducted on the engine to find a location that gives a good vibrational signal,
regardless of which cylinder is knocking. Forlani and Ferrati (1987) report that the signal
typically is filtered with a pass band of 6-10 kHz and examined in a window from top dead
center to 70° after top dead center. Because the signal is examined for a particular time
window, the knocking cylinder can be identified and the ignition timing can be retarded selec-
tively. In the case of a V engine, there is likely to be an accelerometer on each bank. The
accelerometer consists of a mass mounted on a spring, with a method of detecting the move-
ment of the mass or the force in the spring.
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Figure 3.25. A4 piezo-electric knock detector. From Turner and Austin (2000).
Produced from the Proceedings of the Institution of Mechanical Engineers
by permission of the Council of the Institution of Mechanical Engineers.

It is convenient to combine the spring and the sensing element, and this can be done by
mounting a mass on a piece of silicon that is etched with strain gauges, or on a piezo-electric
crystal. The piezo-electric crystal has the advantage of high stiffness, so that it is easier to
design a transducer with a high natural frequency. The disadvantage is that the piezo-electric
crystal produces an electrical charge proportional to the acceleration, and this must be amplified
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by a high-input impedance amplifier to give a voltage signal. Normally, accelerometers are
designed to have a much higher natural frequency than any component present in the signal
being measured, so that the transducer has a response that is independent of frequency. How-
ever, with the knock detector, structural vibrations at a particular frequency are being detected.
Therefore, if this corresponds to the natural frequency of the transducer, the resonance pro-
vides “dynamic amplification,” and the transducer will give a better signal-to-noise ratio. As
with the pressure transducer, it is expedient to incorporate some signal conditioning into the
transducer.

The knock sensor provides a safety margin that otherwise would be obtained by having a
lower compression ratio or permanently retarded ignition. A striking example of this is pro-
vided by Meyer et al. (1984), in which an engine fitted with a knock sensor was run with fuels
of a lower octane rating than the octane rating for which it had been designed. Figure 3.26
shows the results, and it can be seen that there is no significant change in the fuel consump-
tion for a range of driving conditions. Indeed, only a slight deterioration was found in the
full-load fuel economy.
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Figure 3.26. The effect of reduced fuel quality on the fuel consumption of a
vehicle fitted with a knock detector. Adapted from Meyer et al. (1984).
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3.8 Engine Management System Functions

The key parameters to be controlled are the ignition timing and air-fuel ratio, with possibly
the following:

+ EGR valve

» Air purge to the fuel vapor storage canister

» Throttle position (or idle speed adjustment)
» Air conditioning compressor

* Variable geometry induction system settings
» Variable valve timing system settings

» Variable geometry turbocharger settings

3.8.1 Ignition Timing

The ignition timing is determined from a look-up map, in which the values might be recorded as
functions of the engine speed and manifold pressure. Figure 3.27 shows that the ignition timing
variation is quite complex and would be difficult to obtain from a purely mechanical system.

The ignition timing settings would be modified by knock (as already described in the context
of the knock detector) and by coolant and air temperatures. For example, to promote rapid
catalyst warm-up, a very retarded ignition timing can be used. This gives a hotter exhaust
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Figure 3.27. The ignition timing map (as a function of engine speed and inlet manifold
pressure), as used in an engine management system (Forlani and Ferrati, 1987).
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because there will have been less time for in-cylinder heat transfer, and the retarded ignition
timing will have reduced the work output.

The coil-on-time also might be controlled in response to battery voltage (because the current
achieved when the coil is switched off determines the spark energy) and in response to the
operating point. When the engine is operating at full load with a rich mixture, the ignition
energy requirements are very low. In contrast, at a light load with a weak mixture (or one that
is diluted by a high level of exhaust gas recirculation), increasing the spark energy can improve
the combustion stability. However, high spark energies can reduce the life of the spark plugs.

3.8.2 Air-Fuel Ratio Control

Steady-state air-fuel ratio control is comparatively straightforward because the requirements
can be specified in terms of speed and load (Fig. 3.11). When the engine is warmed up, the
lambda sensor provides feedback so that the nominal injection durations stored in memory
can be modified to account for different quality fuels (e.g., a fuel containing oxygenates will
require an increased injection duration because a lower air-fuel ratio is needed for a given
stoichiometry) or the buildup of deposits in the injectors. These corrections can be stored, so
that they are used before the lambda sensor is operational the next time the engine is run.
There also will be upper and lower bounds on the possible injection durations. Furthermore,
the injection duration will be sensitive to the battery voltage because this influences the time
it takes for the solenoid valve to open and has a slight effect on the release time—the effective
injection period is reduced as the battery voltage decreases.

Fuel will not be injected when the engine is on overrun (i.e., the throttle is closed, and the
engine is being used to brake the vehicle), and the engine speed is above a threshold value
(say, 1500 rpm). In engines with six or more cylinders, there may even be selective cylinder
deactivation (by not injecting fuel) when the engine is at part load. If only half the air enter-
ing the engine is being used for combustion, the throttle will have to be open wider, which
will reduce the throttling loss. However, precautions are needed to avoid the disabled cylin-
ders cooling down. Thus, it is necessary either to circulate exhaust gas through the cylinders
or to disable the valves in such a way as to trap exhaust gases in the cylinder. Fuel also will be
turned off when the engine speed exceeds its designed maximum by approximately 1%, and
the fueling will not be resumed until the speed has fallen below the rated maximum by
approximately 1%. Excess fuel sometimes is supplied through a supplementary injector for
cold starting.

The transients that cause the greatest difficulty for port injected engines are those associated
with opening and closing the throttle. When the throttle is opened, the air flow increases to its
new steady-state value in approximately one engine cycle, whereas the fuel film and droplets
respond much more slowly over a few cycles. Also, the increase in manifold pressure is
likely to raise the partial pressure of the fuel vapor above its saturation pressure, so that fuel
will condense on the walls and droplets. Thus, when the throttle is opened suddenly, there
will be an instantaneous reduction in the fuel that is being inducted into the cylinder while the
air flow is increasing! As a result, it is necessary to inject extra fuel to achieve a mixture
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strength close to stoichiometric (or slightly rich if the management strategy is aiming for
maximum torque output and not the lowest emissions). Numerous attempts have been made
to model the extra fueling requirements, but establishing the control parameters remains a
largely empirical exercise during calibration of the engine management system in the vehicle.
Conversely, when the throttle is suddenly closed, fuel will evaporate from the droplets and
liquid films, and the mixture will tend to richen. Thus, on throttle closing transients, it is
necessary to inject less fuel than for the corresponding steady-state air flow.

3.8.3 Exhaust Gas Recirculation (EGR) Control

Exhaust gas recirculation (EGR) is used for reducing the levels of nitrogen oxides (NOx) and
also the reduction of part-load throttling losses, for which up to approximately 30% of the
mass entering the engine might be from EGR. However, too much EGR interferes with com-
bustion because it reduces the burn rates and increases the level of cycle-by-cycle variations
that lead to high hydrocarbon emissions and poor driveability. Thus, it is important to know
the level of EGR that is being employed, to ensure compliance with NOx emissions legisla-
tion and to be able to set the correct ignition timing for the slower combustion.

An EGR system is not shown as part of Fig. 3.21 but is shown separately in Fig. 3.28. The
EGR is drawn into the inlet manifold, as the throttle reduces the pressure below atmospheric
pressure. The EGR valve is a very simple spring-loaded needle valve or poppet valve that
moves axially; EGR tends to cause deposits, so it is important that the valve is immune to
sticking. The actuator for the valve can be a high-power solenoid that is pulsed on and off
(with different on-to-off ratios), to hold the valve against the spring at a specified position.
A more usual arrangement is to have a diaphragm actuator, on which the actuation pressure
is controlled by a solenoid valve that is pulsed on and off. The solenoid valve switches
between atmospheric pressure and the inlet manifold pressure to provide a variable pres-
sure on the actuator diaphragm. There usually is no position feedback for the valve, because
its flow performance will be dependent on deposits; therefore, feedback is needed from
other information.

The level of EGR in the inlet manifold could be established if a UEGO sensor was used to
compare the oxygen level in the inlet manifold with that in the exhaust; however, this would
require an extra sensor. Instead, the level of EGR is inferred by computing the volumetric
flow rate of air into the inlet manifold (based on the air mass flow rate, temperature, and
pressure), and comparing that with the volumetric flow rate into the engine, based on the
engine speed and inlet manifold pressure.

3.8.4 Additional Functions

The engine management system must control the vapor that is produced by the fuel tank. The
major source of evaporative emissions from a passenger car is a consequence of the fuel tank
being subject to diurnal temperature variations. The fuel tank must be vented to atmosphere
to avoid a pressure buildup as the fuel tank warms during the day. By venting the fuel tank
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Figure 3.28. An EGR system (Gunther, 1988).

through a canister containing active charcoal (Fig. 3.21), the fuel vapor is absorbed. When
the fuel tank cools at night, air is drawn in through the carbon canister, and this removes some
of the hydrocarbons from the active charcoal. However, to ensure adequate purging of the
active charcoal, it is necessary to draw additional air through the active charcoal. This is
achieved by drawing some of the air flowing into the engine through the carbon canister.
Clearly, the air-fuel ratio of this stream will be unpredictable, but a closed loop engine man-
agement system will enable the engine to always adopt the intended air-fuel ratio.

The engine management system also is likely to control the air conditioning pump. The air
conditioning pump can absorb about 5 kW, and it usually is driven from a belt drive via an
electromagnetic clutch. The engine management system can decouple the pump when the
driver demands maximum power (e.g., during overtaking) because 5 kW can represent a
significant fraction of the output of a European engine. Also, when the engine is idling, if the
air conditioning pump is switched by the engine management system, it can anticipate the
load being applied or removed and thus provide better idle speed control, or indeed increase
the idle speed if there is a high cooling demand. In the case of turbocharged or supercharged
engines, boost pressure control and any variable geometry settings can be controlled by the
engine management system.

Inputs from the vehicle will define the vehicle speed and gear ratio selected, and, in the case
of a vehicle with an automatic transmission, the engine management system can determine
the gear ratio. Different modes can be selected, either from explicit driver instructions (via a
switch to select either “sport” or “economy”), or by detecting the driver’s use of the throttle
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and brakes. Vehicle inputs also will be used by the engine management system to provide
average speed and fuel consumption display information. With drive-by-wire throttle sys-
tems, the engine management system can provide cruise control; obviously, it is necessary to
have an additional input to detect when the brakes are being applied. When an antilock brake
system (ABS) is installed, the information about incipient wheel slip can be used to regulate
the power output of the engine to provide a traction control system (TCS). The engine torque
output control can be provided by throttle control or very rapidly by retarding the ignition
timing. Apart from saving tire wear, this also provides maximum torque transmission. The
vehicle speed information can be used to adjust the pressure in a power steering system so
that there is more assistance at low speeds and conversely more “feel” or feedback through
the steering wheel to the driver at high speeds.

3.8.5 Concluding Remarks on Engine Management Systems

It is difficult to provide optimum engine control because of the interdependence of many
engine parameters and the absence of some direct measurements of what is being controlled
(e.g., direct measurements are not made of either the engine torque or its emissions). With the
multitude of control loops, the hierarchy must be carefully defined; otherwise, one loop might
be working directly against another.

Furthermore, even supposedly identical engines have a different performance when new, and,
of course, they will age differently, too. What is needed is some form of adaptive control
system, in which the operating point would be found by optimizing the fuel economy or
emissions. An example of an adaptive engine control system is provided by Wakeman et al.
(1987) and Holmes et al. (1988). Perturbations are applied to the ignition timing, and the
slope of the ignition timing/torque curve is inferred from the response of the engine speed. In
this way, the control system can find the MBT ignition timing for a particular operating con-
dition and then store this as a correction value from the ignition timing map. A similar system
can be used for controlling EGR to minimize NOx emissions. Holmes et al. also describe an
approach to knock control, in which the timing retard from the ignition map is stored as a
function of operating point. The system is arranged so that when there is a change in fuel
quality, the ignition timing will converge to the new optimum timing schedule. The fuel
economy benefits of an adaptive ignition system are shown by Wakeman et al. Four nomi-
nally identical vehicles were tested on the ECE 15 urban driving cycle, and it was found that
the adapted ignition timing map was different for each vehicle (and different from the
manufacturer’s calibration). Fuel savings of up to 9% were achieved.

Improvements to control strategies can be made when there are mathematical models to
describe the processes being controlled. Hendricks and co-workers (e.g., Hendricks et al.,
1993 and 1996) have modeled intake filling dynamics and fuel transport for throttle tran-
sients. A related idea (again for air-fuel ratio control) is the use of neural networks that are
able to “learn” about the dynamic characteristics of throttle transients and mixture prepara-
tion. Again with neural networks, mathematical models to describe sub-processes enable a
more refined approach to be developed. Examples of this for mixture control are provided by
Won et al. (1998) and Manzie et al. (1998).
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3.9 Conclusions

The combination of sophisticated engine management systems and catalysts has enabled spark
ignition engines to be developed with remarkably low emissions. Over the 30-year period
from 1970 to 2000, U.S. emissions legislation has required more than a thirty-fold decrease in
unburned hydrocarbons, a ten-fold reduction in carbon monoxide, and a twenty-five-fold
reduction in nitric oxides. During that same time, there has been an increase in the specific
output, fuel economy, and design life. Technologies such as variable geometry induction
systems, variable valve timing, and gasoline direct injection have permitted the simultaneous
increase of output and efficiency. Supercharging also is being used as a means of increasing
the specific output and giving a better part-load fuel economy than a larger-capacity naturally
aspirated engine of comparable output.

3.10 Questions

3.1 Why does the optimum ignition timing change with engine-operating conditions? What
are the advantages of electronic ignition with an electronic control system?

3.2 Two spark ignition gasoline engines having the same swept volume and compression
ratio are running at the same speed with wide open throttles. One engine operates on
the two-stroke cycle, and the other operates on the four-stroke cycle. State with reasons
for the following:

a. Which engine has the greater power output?
b. Which engine has the higher efficiency?

3.3 The Rover M16 spark ignition engine has a swept volume of 2.0 liters and operates on
the four-stroke cycle. When installed in the Rover 800, the operating point for a vehicle
speed of 120 km/h (74.5 mph) corresponds to 3669 rpm and a torque of 71.85 Nm, for
which the specific fuel consumption is 298 g/kWh.

Calculate the bmep at this operating point, the arbitrary overall efficiency, and the fuel
consumption (liters per 100 km). If the gravimetric air-fuel ratio is 20:1, calculate the
volumetric efficiency of the engine, and comment on the value.

The calorific value of the fuel is 43 MJ/kg, and its density is 795 kg/m3. Ambient
conditions are 27°C (81°F) and 1.05 bar.

Explain how both lean-burn engines and engines fitted with three-way catalysts obtain
low exhaust emissions. What are the advantages and disadvantages of lean-burn
operation?

3.4 The Rover K16 engine is a four-stroke spark ignition engine with a swept volume
of 1.397 liters and a compression ratio of 9.5. The maximum torque occurs at a speed
of 4000 rpm, at which point the power output is 52 kW. The maximum power output of
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3.6

3.7

the engine is 70 kW at 6250 rpm. Suppose the brake specific fuel consumption is
261.7 g/lkWh using 95 RON lead-free fuel with a calorific value of 43 MJ/kg.

Calculate the corresponding Otto cycle efficiency, the maximum brake efficiency, and
the maximum brake mean effective pressure. Give reasons why the brake efficiency is
less than the Otto cycle efficiency. Show the Otto cycle on the p-V state diagram, and
contrast this with an engine indicator diagram—identify the principal features.

Explain why, when the load is reduced, the part-load efficiency of a diesel engine falls
less rapidly than the part-load efficiency of a spark ignition engine.

Because the primary winding of an ignition coil has a finite resistance, energy is dissi-

pated while the magnetic field is being established after switching on the coil. If the
primary winding has an inductance of 5.5 mH and a resistance of 1.9 ohms, and the
supply voltage is 11.6 V, show that:

a. The energy stored after 2 ms would be 26 mJ, increasing to 79 mJ after 6 ms.

b. The theoretical efficiency of energy storage is approximately 65% for a 2-ms coil-
on-time, falling to 32% for a 6-ms coil-on-time.

What are the other sources of loss in an ignition coil?

Define MBT ignition timing, and describe how it varies with engine speed and load.
Under what circumstances are ignition timings other than MBT used?

Redraw Fig. 3.9 using a scale of lambda (the relative air-fuel ratio, the reciprocal of
equivalence ratio), and comment regarding under what circumstances is this a more
appropriate form for presenting the data.

A 4-liter swept volume spark ignition engine is supercharged using a Roots blower
to give a pressure ratio of 1.5. At maximum power, the engine output is 240 kW at
5000 rpm.

If the air mass flow rate is 243 g/s at ambient conditions of 1 bar and 25°C (15.5°F),
calculate the power requirement of a Roots compressor with a pressure ratio of 1.5, for
mechanical and volumetric efficiencies both of 80%. What would the exit air tempera-
ture be from the Roots blower?

After intercooling, the air temperature is reduced to 50°C (31°F). Neglecting any pres-
sure drop in the intercooler, calculate the volumetric efficiency of the engine.



CHAPTER 4

Diesel Engines

4.1 Introduction

The key characteristics of diesel engines have already been introduced in Chapter 2. The
diesel cycle analysis (Section 2.4.2) shows that the efficiency increases as the compression
ratio is increased, but reduces slightly as the load ratio is increased. However, it must be
appreciated that increasing the compression ratio has a diminishing effect on increasing the
ideal cycle efficiency, and that for a practical engine, there are no benefits in increasing the
compression ratio above approximately 20:1. This is true because increases in frictional
losses (associated with the higher pressures) and increases in heat transfer (because of the
higher temperatures and pressures, and the adverse surface-area-to-volume ratio) outweigh
any gains in the ideal cycle efficiency. Combustion is initiated by self-ignition of the fuel
(hence the term compression ignition engines), and the main requirement of the fuel is that it
is susceptible to self-ignition (Section 2.7).

The compression ratio is likely to be selected on the basis of the lowest compression ratio that
will provide satisfactory cold-starting performance, and even this compression ratio can be
higher than that for optimum efficiency. For direct injection diesel engines with a displace-
ment of 0.5 L/cylinder, the compression ratio is approximately 18:1, whereas for larger engines
(say, 1 L/cylinder and greater), the compression ratio will be approximately 15:1 or slightly
lower. The larger displacement engines have a better volume-to-surface-area ratio; thus, less
heat transfer occurs, and satisfactory cold-starting can be achieved with a lower compression
ratio. In very high-output diesel engines (i.e., those with a high boost pressure and a bmep of
20 bar and higher), the compression ratio may be lowered to limit the peak pressure, even if
this results in difficulties in starting the engine without starting aids.

The performance of a diesel engine is critically dependent on its combustion system, and this
means both the combustion chamber and the fuel injection system (Section 4.3). There are
two types of diesel combustion systems: direct injection, and indirect injection. Although
development of indirect injection engines has all but ended, many remain in use; thus, both
types are described in Section 4.2. As explained in Section 2.4, diesel engine combustion
includes diffusion combustion, so that the air-fuel ratio is always weaker than stoichiometric
(to avoid hydrocarbon and particulate emissions). In consequence, the specific output of a
naturally aspirated diesel engine is much lower than that of a spark ignition engine. Fortu-
nately, turbocharging can increase both the efficiency and output of diesel engines, and this is
treated in Section 4.5.
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4.2 Direct and Indirect Injection Combustion Chambers

Two types of combustion chambers are used in diesel engines. These are direct injection (DI)
and indirect injection (IDI), as shown in Fig. 4.1. The IDI engine offers faster combustion
and thus the potential for higher engine speeds. When combustion speed is not the limiting
factor, there is nonetheless a limitation on the maximum mean piston speed (vp), which limits
the engine speed (N)

Vp><60
N= 4.1
2xL

The maximum mean piston speed is a result of mechanical considerations and the flow through
the inlet valve, and is limited to approximately 12 m/s. For an engine speed of 3000 rpm, this
corresponds to a stroke of 0.12 m, or a swept volume of approximately 1 L/cylinder. Thus, if
the combustion speed limits direct injection engines to 3000 rpm, then for engines of less than
1 L/cylinder swept volume, higher speeds are obtainable only by using the faster indirect
injection combustion system. With careful development of the combustion system, direct
injection engines can now operate at speeds of up to 5000 rpm.

The pre-chamber of the IDI engine in Fig. 4.1 constitutes approximately half of the clearance
volume, and the lower part of the swirl chamber is an insert made from a heat-resisting mate-
rial that is thermally isolated from the cylinder head. The insert heats when the engine has
started, thereby reducing heat transfer losses, and its high temperature helps fuel evaporation,
ignition, and combustion. Indirect injection engines invariably have a heater plug projecting
into the pre-chamber. This is switched on prior to cranking the engine, so that when the fuel
is injected, its ignition is facilitated. Small DI engines (say, 500 cm3/cylinder and smaller)

| Y /a
[V &) iy
& B

Pre-Combustion L / '
Chamber .
(with Swirl) Piston Bowl

Figure 4.1. Indirect injection (IDI) (left) and direct injection (D) (right)
combustion chambers.
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Figure 4.2. Comparison of specific fuel consumption (g/kWh) maps for four-cylinder
2.5-liter naturally aspirated DI and IDI engines (Hahn, 1986).

also can use heater plugs, and these are sited so that their tips are close to the injector. Some-
times the heater plugs remain switched on (possibly at a reduced power setting) so that cold
running is quieter.

A direct comparison between DI and IDI engines has been reported by Hahn (1986), and the
differences in brake specific fuel consumption (bsfc) are shown by Fig. 4.2. The IDI engine
has a higher bsfc than the DI engine because of the following:

a. The compression ratio (typically greater than 20) has been selected on the basis of start-
ing the engine, not for the maximum brake efficiency.

b. There is substantial heat transfer and a pressure drop in the pre-chamber throat.

Direct injection engines demand rigorous matching of the fuel spray and air motion. Initially,
this was achieved in high-speed DI engines by having a modest injection pressure (say, 600 bar)
and swirl (a rotating flow with its axis parallel to the cylinder axis). However, the kinetic
energy associated with swirl comes from the pressure drop in the induction process; thus,
there is a tradeoff between swirl and volumetric efficiency (and power output). In addition to
promoting good mixing of the fuel and air, swirl increases heat transfer, which, of course,
lowers the engine efficiency. Therefore, the current trend is toward lower levels of swirl, in
which case four-valves-per-cylinder layouts can be used, with benefits for the volumetric
efficiency and power output (Pischinger, 1998). The good air-fuel mixing now comes from
more advanced fuel injection equipment.
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4.3 Fuel Injection Equipment

To obtain small droplets that will evaporate quickly, the fuel injector nozzle holes can be as
small as 0.15 mm (0.006 in.). To inject sufficient fuel in the short time available, injection
pressures must be 1500 bar or higher. These high pressures also ensure that the fuel jet
disperses well within the combustion chamber. Likewise, these high pressures have led to the
use of electronic unit injectors (EUI) and common rail (CR) injection systems in preference
to the traditional pump-line—injector (PLI) systems.

Unit injectors have the pumping element and injector packaged together, with the pumping
element operated from a camshaft in the cylinder head. This eliminates the high-pressure fuel
line and its associated pressure propagation delays and elasticity. Common rail fuel injection
systems have a high-pressure fuel pump that produces a controlled and steady pressure, and
the injector controls the start and end of injection.

Common rail and EUI systems have scope for pilot injection (to control the amount of fuel
injected during the ignition delay period, thereby controlling combustion noise) and more
desirable injection pressure characteristics. Figure 4.3 shows how injection pressure varies
significantly with engine speed for pump—line—injector (PLI) systems, and that for low speeds,
only low injection pressures are possible. The low injection pressures limit the quantity of
fuel that can be injected because of poor air utilization, thereby limiting the low-speed torque
of the engine. With CR injection systems, there is independent control of the injection pres-
sure across a wide range of operating speed.

Each of these systems will now be discussed in more detail.
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Figure 4.3. Typical maximum injection pressure variation with speed for common rail
(CR), electronic unit injector (EUI ), and pump—line—injector (PLI) systems (Stone, 1999).
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4.3.1 Pump-Line—Injector (PLI) Systems

A comprehensive treatment of diese! fuel injection equipment (both in-line pumps and rotary
pumps) is provided by Adler (1994). The discussion here will be limited to rotary or distribu-
tor pumps, because the use of in-line pumps has been displaced by unit injectors. The pump
is driven from the crankshaft by gears, chains, or nowadays a timing belt, at half crankshaft
speed for a four-stroke engine. Because of the high pressures (of the order of 1000 bar) and
although only a small quantity of fuel might be injected (say, 50 mm3) because that fuel is
injected very quickly (of the order of 1 ms), the instantaneous power is quite high (1000 x 105
x 50 x 1079/10-3 = 5 kW/cylinder) and the instantaneous torque is very high for a timing belt
(20 Nm at 2500 rpm pump speed). The pump is connected by a line (a thick-walled tube) to
the injector. Figure 4.4 shows a distributor-type fuel injection pump.
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Figure 4.4. Distributor-tvpe fuel injection pump.
Adapred from Tschdke (1994).

The key to the distributor fuel pump is the face cam that is rotating. Because it reacts against
roller-followers in a ring that is fixed axially, the face cam is made to oscillate axially. Thus,
the face cam causes the pumping/distributing element to oscillate and rotate, thereby both
pumping the fuel to a high pressure and directing it to the appropriate delivery valve and fuel
line. The roller-follower ring can be rotated a small amount by the start of injection actuator,
and this changes the phasing of the cam lift relative to the crankshaft, thereby controlling the
start of injection timing.
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The quantity of fuel injected is determined by the axial position of the control collar, which
allows fuel to exhaust from the pumping/distributing element through the transverse vent in
the pumping/distributing element. The vane pump raises the fuel pressure to an intermediate
pressure, which is kept constant by a pressure relief valve (not shown). The intermediate
pressure fuel is fed to the pumping/distributing element in the position shown, but this inlet is
subsequently sealed as the pumping/distributing element rotates. The axial position of the
control collar (and hence the quantity of fuel injected) is determined by the quantity control
actuator. The solenoid shut-off valve stops injection by preventing admission of fuel to the
pumping/distributing element.

The pump is connected to the injectors by thick-walled pipes. These all should be of the same
length to ensure the same pressure propagation delay for all cylinders (approximately 1 ms/m)
and that any pressure pulsation effects in the fuel pipes affect all cylinders equally. The
injector comprises two parts: the nozzle, and the nozzle holder, as shown in Fig. 4.5.
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Figure 4.5. [njector and nozzle assembly. Adapted from Warga (1994).

The most important part of the fuel injector is the nozzle. The nozzle has a needle that closes
under a spring load when it is not spraying. Although less prone to blockage, open (needle-
less) nozzles are not used because they dribble. When an injector dribbles, combustion
deposits build up on the injector, and the engine exhaust is likely to become smoky. The
needle-opening and needle-closing pressures are determined by the spring load and the pro-
jected area of the needle. The pressure to open the needle is greater than that required to
maintain it in an open position, because in the closed position, the projected area of the needle
is reduced by the seat contact area. The differential pressures are controlled by the relative
needle diameter and seat diameter. A high needle-closing pressure is desirable because it
maintains a high seat pressure, thereby giving a better seal. This also is desirable because it
keeps the nozzle holes free from blockages caused by decomposition of leaked fuel. In auto-
motive applications, the nozzles typically are approximately 20 mm (0.8 in.) in diameter and
45 mm (1.8 in.) long, with 4-mm ( 0.16-in.) diameter needles. Figure 4.5 illustrates a valve
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covered orifice (VCO) arrangement, in which the needle seats across the nozzle holes. After
the end of injection, any fuel in the nozzle holes or downstream of the seating area will be
heated and can enter the combustion chamber. This fuel does not necessarily have time to be
properly burned; thus, it can lead to deposits, hydrocarbon emissions, and particulate emis-
sions. The VCO design minimizes the amount of fuel that can enter the combustion system
after injection.

The injector shown in Fig. 4.5 has a two-stage spring arrangement that provides pilot injec-
tion. Pilot injection, in which a small amount of fuel is injected during the ignition delay
period, is a means of reducing diesel knock, by limiting the amount of mixture that is burned
rapidly. The weak spring (1), acting through the central pressure pin, allows the nozzle to
open a small amount (H;, usually less than 0.1 mm [0.004 in.]) at low pressures, during the
early part of the injection pump pumping plunger stroke. (The cam profile in the pump
obviously must be matched to the injector characteristics.) During pilot injection, the nozzle
needle is held against the stop sleeve, which is held against the strong spring (2). As the
pressure rises further, the nozzle needle and strong spring lift further (H; + H,) for the main
part of the injection. The pre-loads from the two springs are controlled by shims.

The spray pattern from the injector is very important, and high-speed combustion photogra-
phy and laser-based techniques for measuring droplet size distributions and velocities can be
very informative. The testing can be either in an engine or in a special combustion rig that
replicates the end of compression temperaturcs and pressures.

4.3.2 Electronic Unit Injectors (EUI)

In the Delphi Diesel Systems electronic unit injector (EU1) (Fig. 4.6), both the quantity and
the timing of injection are controlled electronically through a Colenoid actuator. The Colenoid
is a solenoid of patented construction that can respond very quickly (injection periods are of

Colenm/d Actuator Spill Valve

Nozzle Assembly

Pumping Element

Figure 4.6. 4 Delphi electronic unit injector (EUI). Adapted from Frankl et al. (1959).
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the order | ms), to control very high injection pressures (up to 1600 bar or so). The Colenoid
controls a spill valve, which in turn controls the injection process. The pumping element is
operated directly from a camshaft (or indirectly via a rocker), and the whole asscmbly is
contained within the cylinder head.

An alternative approach to the EUI is the Caterpillar Hydraulic Electronic Unit Injector (HEUI,
also supplied by other manufacturers). Figure 4.7 shows the HEUI, which uses a hydraulic
pressure intensifier system with a 7:1 pressure ratio to generate the injection pressures. The
hydraulic pressure is generated by pumping engine lubricant to a controllable high pressure.
Similar to CR injection systems, there is control of the injection pressure. The HEU] uses a
two-stage valve to control the oil pressure, and this is able to control the rate at which the fuel
pressure rises, thereby controlling the rate of injection, because a lower injection rate can
help control NOx emissions.

Solenoid for Controlling the Spool Valve

Engine Oil Powered Hydraulic Intensifier

Fuel Inlet

Figure 4.7. A hydraulic electronic unit injector (HEUI).
Adapted from Walker (1997).

4.3.3 Common Rail (CR) Fuel Injection Systems

Common rail (CR) fuel injection systems decouple the pressure generation from the injection
process and have become popular because of the possibilities offered by electronic control.
The key clements of a CR fuel injection system are as follows:

» A (controllable) high-pressure pump

»  The fuel rail with a pressure sensor

»  Electronically controlled injectors

*  Anengine management system (EMS)

The injector is an electro-hydraulic device, in which a control valve determines whether or
not the injector needle lifts from its seat. The engine management system can divide the
injection process into four phases: two pilot injections, main injection, and post-injection
(for supplying a controlled quantity of hydrocarbons as a reducing agent for NOx catalysts).
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Common rail injection also enables a high output to be achieved at a comparatively low
engine speed (Piccone and Rinolfi, 1998).

4.4 Diesel Engine Emissions and Their Control

4.4.1 Diesel Engine Emissions

Diesel engine emissions have already been previewed in Section 2.6.3. Figure 4.8 shows a
comparison of the emissions performance of DI and IDI engines.

The NOx emissions increase with load because of the increase in combustion temperature,
and this increase in combustion temperature (or rather the later time in the expansion stroke
when the temperature falls to a level at which reactions cease) is why the hydrocarbon emis-
sions fall. Similarly, retarding the injection timing in all cases leads to lower combustion
temperatures. This lowers the NOx emissions but increases the hydrocarbon emissions. The
DI diesel has lower NOx emissions than the IDI engine because the lower compression ratio
gives lower in-cylinder temperatures. The hydrocarbon emissions are higher from the DI
engine because there is a longer ignition delay period, resulting in more over-dilution at the
fringes of the spray. The ignition delay period increases with a reduced load in the DI engine
because the combustion chamber surface temperatures are lower, and there will be more
cooling of the charge during compression. In contrast, the pre-chamber insert in the IDI

1000 T T T T T I 2000
(@) Rated Speed (b) i T ¥ T T T
Basic Timing ‘ Rated Speed
Degrees CA btdc Basic Timing
800 -~ + \ Degrees CA btdc
18° CA 1500 -\

s s e 12° CA

g> 600 [— IDI/NA t\ 7 -
e X X g \
o A 2 1000 I~ =
§ - o DI/NA
S 400 - T \ + \
A +\
200 / ] 500 = IDI/NA %\’—
A
DI/NA \
= e ANnrmamAX
o L1 0 AT AR . . . S
1 2 3 4 5 6 7 o 1 2 3 4 5 6 7
bmep (bar) bmep (bar)

Figure 4.8. 4 comparison of emissions from naturally aspirated direct injection (DI)
and indirect injection (IDI) diesel engines: (a) nitrogen oxide emissions
and (b) hydrocarbon emissions (Pischinger and Cartellieri, 1972).
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engine is always hot enough to ensure a short ignition delay period. Particulate emissions
have already been discussed in Section 2.6.3

4.4.2 Diesel Engine Emissions Control

Catalysts have already been discussed in the context of spark ignition engines (Section 3.5),
and this includes lean-burn NOx reducing catalysts (Section 3.5.3). However, a discussion is
needed here of exhaust gas recirculation (EGR) (because its effect on diesel engine combus-
tion is somewhat different than on spark ignition engines) and particulate traps.

4.4.2.1 Exhaust Gas Recirculation (EGR)

In a diesel engine, the exhaust gas recirculation (EGR) is displacing oxygen. Therefore, only
a limited amount of EGR can be used before there is insufficient oxygen for thorough com-
bustion, with consequential rises in the emissions of carbon monoxide, particulates, and
unburned hydrocarbons. When these emissions rise, because they are products of partial
combustion, it is inevitable that the fuel consumption also will rise. The highest levels of
EGR are used at low speeds and low loads, and the EGR level must be decreased as either the
load or the speed are increased. There is a tradeoff between particulate emissions and NOx,
because increasing the level of EGR reduces the amount of oxygen that is necessary for soot
oxidation. However, a higher level of swirl (produced by closing one inlet port of a four-
valves-per-cylinder combustion system) gives a more advantageous tradeoff between NOx
and particulates because the swirl ensures better oxygen utilization. High injection pressure
also can be used to obtain a better NOx/particulates tradeoff, but Herzog (1998) argues that
this leads to noisier combustion than if EGR is used.

Suzuki (1997) points out that EGR in diesel engines has only approximately half the effect
that occurs with stoichiometrically operated spark ignition engines. In the spark ignition
engine, the stoichiometry is unaffected, and there is a significant increase in the heat capacity
of the mixture. In contrast, EGR richens the mixture in a diesel engine and has less effect on
the heat capacity. A higher heat capacity mixture, of course, means lower combustion tem-
peratures, which in turn means lower NOx emissions. The mechanism for NOx reduction by
EGR is not obvious but has been elucidated by some experiments in which the dilution,
chemical, and thermal effects have been isolated for the carbon dioxide present in EGR
(Ladommatos et al., 1998):

a. The “dilution” effect was examined by replacing oxygen with a nitrogen/argon mixture
with the same heat capacity as the oxygen.

b. The “chemical” effects were examined by replacing nitrogen with a carbon dioxide/argon
mixture with the same heat capacity as nitrogen, so that the carbon dioxide could lower
the combustion temperature through dissociation.
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c. The “thermal” effects were examined by replacing nitrogen with a nitrogen/helium mix-
ture with the same heat capacity as carbon dioxide, so that there would be the same
cooling effect.

After making due allowance for changes in the ignition delay, Ladommatos et al. (1998)
concluded that the main effect of the carbon dioxide was through reducing the oxygen avail-
ability and that a small effect was attributable to the change in heat capacity. The dissociation
of carbon dioxide was found to have a small contribution to the NOx reduction, but it did
contribute toward reducing particulate emissions. Similar arguments would apply to the water
vapor because it has a similar heat capacity to carbon dioxide, and it too can dissociate. A
disadvantage of EGR is its tendency to increase engine wear rates, but low-sulfur-level fuels
reduce the differences between wear rates with and without EGR.

Cooled EGR also is used, because if it displaces the same amount of air, it will represent a
larger fraction of the charge and will increase the NOx reductions due to the “thermal” and
“chemical” effects. In practice, this means that a lower level of EGR can be used for a
specified level of NOx emissions, with a consequentially reduced increase in the particulate
and other emissions. This also means that in a turbocharged engine at high loads, the neces-
sary levels of EGR can be achieved without recourse to devices such as inlet throttles. There
are many different schemes for implementing EGR in a turbocharged engine, and several of
these are reviewed by Suzuki (1997). Cooling EGR has its disadvantages—most notably a
tendency to increase the ignition delay period and thereby increase the combustion noise.

When EGR is used, it is necessary to have some form of feedback system. The level of EGR
achieved for a given EGR valve position will depend on the condition of many components,
not the least deposits in the EGR system. Feedback can be provided by measuring the oxygen
level in the inlet manifold, or by measuring the air mass flow rate, the inlet manifold tempera-
ture, and the absolute pressure. Diesel engine management systems are discussed further in
Section 4.6.

4.4.2.2 Particulate Traps

Hawker (1995) points out that for diesel engines, conventional platinum-based oxidation cata-
lysts give useful reductions in the gaseous unburned hydrocarbons (and, indeed, any carbon
monoxide) but have little effect on the soot. However, before catalyst systems can be consid-
ered, the levels of sulfur in the diesel must be 0.05% by mass or less. This is because an
oxidation catalyst would lead to the formation of sulfur trioxide and then sulfuric acid. In
turn, this would lead to sulfate deposits that would block the catalyst. An additional advan-
tage of using a catalyst is that it should lead to a reduction in the odor of diesel exhaust.
Particulates can be oxidized by a catalyst incorporated into the exhaust manifold, in the man-
ner described by Enga et al. (1982). However, for a catalyst to perform satisfactorily, it must
be operating above its light-off temperature. Because diesel engines have comparatively cool
exhausts, catalysts do not necessarily attain their light-off temperatures.
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Particulate traps are usually filters that require temperatures of approximately 550-600°C
(868—1112°F) for soot oxidation. This led to the development of electrically heated regenera-
tive particulate traps, examples of which arc described by Arai and Miyashita (1990) and
Garrett (1990). The regeneration process does not occur with the exhaust flowing through the
trap. Either the exhaust flow is diverted, or the regeneration occurs when the engine is inop-
crative. Airis drawn into the trap, and electrical or other heating is used to obtain a tempera-
turc high enough for oxidation of the trapped particulate matter. Pischinger (1998) describes
how additives in the diesel fuel can be used to lower the ignition temperature, so that electri-
cal ignition is neceded only under very cold ambient conditions or when the driving pattern is
exclusively short-distance journeys. Particulate traps have trapping efficiencies of 80% and
higher, but it is important to cnsure that the back-pressure in the exhaust is not too high. An
alternative to a filter is the use of a cyclone. To make the particulates large enough to be
separated by the centripetal acceleration in a cyclone, the particles must be given an electrical
charge so that they agglomerate before entering the cyclone (Polach and Leonard, 1994).

An oxidation catalyst and soot filter can be combined in a single enclosure, as shown in Fig. 4.9
(Walker, 1998). Hawker (1995) details the design of such a system. The platinum catalyst is
loaded at 1.8 g/L onto a conventional substrate with 62 cells/cm?, and this oxidizes not only
the carbon monoxide and unburned hydrocarbons but also the NOx to nitrogen dioxide (NO,).
The nitrogen dioxide (rather than the oxygen) is responsible for oxidizing the particulates in
the soot filter. The soot filter is an alumina matrix with 15.5 cells/cm?, but with adjacent
channels blocked at alternate ends. As the exhaust gas enters a channel, it then flows through
the wall to an adjacent channel—hence, the name of “wall flow” filter. With the presence of
a platinum catalyst, the processes of soot trapping and destruction are continuous above tem-
peratures of 275°C (527°F), and the system is known as a continuously regenerating trap

Wall Flow Particulate Filter

Oxidation Catalyst

Figure 4.9. An oxidation catalyst and soot filter assembly for use
in diesel engines. Adapted from Walker (1998).
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(CRT). The system introduces a back-pressure of approximately 50 mbar, and the duty cycle
of the vehicle must ensure that a temperature of 275°C (527°F) is regularly exceeded. Such
an assembly also can be incorporated into a silencer (muffler), so that existing vehicles can be
retrofitted (Walker, 1998).

4.5 Turbocharging

4.5.1 Introduction

Automotive engines invariably use turbochargers with radial flow compressors and turbines
as shown in Fig 4.10; larger engines can use axial flow turbines. Watson and Janota (1982)
provide a comprehensive treatment of turbochargers and turbocharging, whereas the treat-
ment here is derived from Stone (1999).
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Figure 4.10. An automotive turbocharger with a radial compressor and a radial turbine:
(1) Compressor wheel. (2) Turbine wheel. (3) Bearing housing. (4) Bearing. (5) Shaft.
(6) Seal. (7) Mechanical face seal. (8) Piston ring seal. (9) Turbine housing.

(10) Compressor housing. (11) “V” band clamp. (Allard, 1982).

Radial flow compressors work well without stator blades because of the conservation of the
moment of momentum in the diffuser, and the increase of the flow area as the radius
increases; this can be explained with reference to Fig. 4.11.
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Figure 4.11. Velocity triangles for a radial flow compressor
with a vaneless diffuser (Stone 1999).

In Fig. 4.11, the flow has a velocity relative to the blade of C,.}, and this can be resolved into
two components: the radial component (C,), and a tangential component. The tangential
component must be converted to an absolute velocity by subtracting the blade tip velocity
(or) to give the absolute tangential (or whirl) velocity (Cg). The flow in the stator immedi-
ately after leaving the rotor thus has absolute velocity components comprising the radial
component (C,) and the tangential velocity (Cg). These absolute velocities also can be
defined as the velocity C with a flow angle ¢, and this is tangential to the particle path, which
is shown as the chain dotted line. However, the action of the diffuser is best explained sepa-
rately in terms of the radial and tangential velocity components.

For convenience, the flow will be considered as frictionless. First, even with a constant depth
(b) diffuser, as the radius is increased there is a larger circumferential area, so that the radial
velocity component will be reduced. (The mass flow is the product of the density, the circum-
ferential area, and the radial velocity component.) Second, the tangential velocity component
will reduce because of the conservation of the moment of momentum, which states that the
product of the radius and the tangential velocity will be a constant. Thus, it can be seen how
the flow is diffused (decelerated), which will lead to a rise in pressure. Finally, this rise in
pressure will increase the density, and this too contributes to the lower velocities.

Analysis of turbocharged engines is similar to open-circuit gas turbines, except that the com-
bustion chamber is replaced by an engine, as illustrated in Fig. 4.12. By applying the steady
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Figure 4.12. Temperature/entropy diagram
for a turbocharger (Stone, 1999).

flow energy equation and neglecting heat transfer, changes in kinetic energy (unless stagna-
tion temperatures are used), and changes in potential energy, it is possible to write equations
for the turbine and compressor specific work, noting that the compressor work will be treated
as a negative quantity:

Turbine work: w; =h;—hy
4.2)

Compressor work: w, =hy—h;



164 Automotive Engineering Fundamentals

By treating the gases as perfect (or alternatively as semi-perfect gases with an appropriate
mean value of the heat capacity), the specific work equations become

Turbine work: we=cpaa(T3-Ty)
(4.3)
Compressor work: We =Cpp2 (T,-Ty)
The compressor and turbine isentropic efficiencies are defined in the usual way as
Turbine isentronic cffict n_(h3—h4)_(T3—T4)
urbine isentropic efficiency: t= (hy—hg,) = (T,-T )
3 4s 37 4s
(4.4)
C isentropic effici n _(hZS_hl)_(TZS"Tl)
ompressor isentropic efficiency: t= (h, —hy) = (T,-T,)
2 1 2 1
for which the isentropic temperatures are defined by
1 —1
Tys = T3(P4/P3)(Y W and Ty =T, (Pz/pl)(Y & (4.3)

Finally, it is necessary to define a mechanical efficiency, noting that the mass flow rates
through the compressor and the turbine are likely to differ

noo= Yo _ mypcpi2 (T2 = T)
Towy o mygeepa(T3-Ty) (46)

Figure 4.13 illustrates the significance of the turbocharger efficiencies.

4.5.2 Turbocharger Performance

The purpose of turbocharging is to increase the density in the inlet manifold. This is achieved
by raising the pressure; however, in doing so, the temperature also rises, and this tends to
reduce the density. By substituting for T, from Eq. 4.5 into Eq. 4.4

(TZS _Tl)

=) “

Tys =T (pa/ P1)(Y_1/Y) (4.5)
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Figure 4.13. Effect of the overall turbocharger efficiency on the scavenging
pressure ratio, for a compressor pressure ratio of 2 (Stone, 1999).

and rearranging gives

-1
| g (P2/Py -1
L=T|+——"— (4.6)
Ne
The density ratio now can be found by applying the equation of state (p = p/RT)
-1
(1)
P2 _pa|,, (Pa/pi)" -1
PR 4.7

PL P MNe

Figure 4.14 shows the density ratio as a function of the isentropic compressor efficiency.
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Figure 4.14. Effect of compressor efficiency on air density
in the inlet manifold (Stone, 1999).

As the pressure ratio increases or the compressor isentropic efficiency falls, the density ratio
departs further from the ideal of isothermal compression. However, the density ratio can be
increased by cooling the compressed gas. This is known as both intercooling and aftercooling,
for which it is necessary to define an effectiveness (g):

€ = actual heat transfer/maximum possible heat transfer
If the cooling media is assumed to be available at the ambient temperature (T,), then the

limiting case is when the temperature of the flow leaving the intercooler (T3) is at the same
temperature as the ambient temperature (T)):

e=(T,-T;)/(T,-T)) or Ty=Ty(l-¢)+€T, (4.8)
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Substituting from Eq. 4.6 for T, then Eq. 4.8 becomes

=i 2P
Ne

(v-1)/y (4.9)

Neglecting the pressure drop in the intercooler and applying the ideal gas equation of state,
the equation for the density ratio across the compressor and intercooler is

1

(-0 _ [
P3 _P2 (p2/p1) -1
=5 1+(1-¢) (4.10)
P P Ne
Figure 4.15 illustrates the benefits of intercooling on the density ratio.
Full Cooling
30 / ET3 =Ty)
Ne=07 e=1)
A(r:nbient and Coolant / €=08
Temperature = 20°C / £€=07
e=0.6
. No Cooling q
3

1 1.5 2.0 25 3.0
Compressor Pressure Ratio

Figure 4.15. Effect of charge cooling on inlet air density (Stone, 1999).
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Additional advantages of intercooling arise because all the temperatures in the subsequent
processes within the engine are lower, which leads to the following:

a. A lower thermal loading for a given fueling rate
b. Lower NOx emissions
c. Less heat transfer and improved efficiency

If the fueling level is increased to maintain the same thermal loading, then a significant increase
in output can be achieved, which in turn leads to a further improvement in the brake effi-
ciency. Intercooling increases turbo-lag and the ignition delay, and this can cause problems in
diesel engines with low compression ratios that were selected to limit peak pressures.

The compressor performance is characterized by maps such as Fig. 4.16. These plots are not
dimensionless, so great care is needed in their use. The safest approach is to convert to the
units used on the map, and convert back if necessary at the end. The air flow parameter would

be made dimensionless if multiplied by R/ A\/C7 , but because this group is a constant for a
given compressor, it can be omitted. Similarly, the speed parameter (N/ JT ) would be made
dimensionless by dividing by \/g .

32

3.0~

26 I~
24 p~

22

Pressure Ratio

18

1.6 p~

14

1.0

Mass Flow Parameter, mV(T)/p

Figure 4.16. Compressor map (Stone, 1999).
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Radial compressors invariably employ a vaneless diffuser. Although this leads to a lower
peak isentropic efficiency, there can be no mismatch between the flow angle and the stator
blade angle; thus, the isentropic efficiency is less sensitive to flow rate variations. As explained
(Fig. 4.11), the pressure rise occurs in the diffuser because of the following:

a. The radial component of velocity decreases as first the flow area increases with the cir-
cumference, and second the pressure is rising.

b. The tangential component of the velocity (whirl) reduces because of the conservation of
the moment of momentum.

4.5.3 Turbocharged Engine Performance

Figure 4.17 shows how the compressor operating point changes with load and speed. When
the load is increased, the exhaust temperature rises, more turbine work is done, and the com-
pressor pressure ratio rises. Because the engine speed is constant (fixing the volumetric flow
rate into the engine), only a slight increase in the mass flow rate results from the increased
pressure ratio. Conversely, when the engine speed is increased at constant load, a significant
increase occurs in the mass flow rate, with only a slight increase in the pressure ratio. As the

Y Compressor Isentropic

S~ . .

& Efficiency Contours

o] .

T Increasing

o Load

g

=}

[

%]

g

o
Increasing
Speed

Air Flow Rate

a

P4

Figure 4.17. Superimposition of engine running lines on compression characteristics—
constant engine load and speed lines (Stone, 1999).
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exit from the turbine is invariably choked, the increase in mass flow can occur only with an
increased pressure ratio across the turbine. This leads to an increase in the specific turbine
work and, in turn, an increase in the compressor pressure ratio.

Figure 4.18 shows that turbocharging a diesel engine leads to a significant increase in output.
Also, because the mechanical losses do not rise in proportion, there is a reduction in fuel
consumption. In the case of spark ignition engines, the compression ratio must be lowered to
avoid knock. Figure 4.19 shows that turbocharging a spark ignition engine does not necessar-
ily lead to a reduction in fuel consumption.

12 ¢ DI, Naturally Aspirated
= — = DI, Turbocharged
/’7 ~r~ -
10} - 220/ 3

bmep (bar)

\
1 r-.\l | L L 1 L )

1000 1400 1800 2200 2600 3000 3400 3800
Engine Speed (rpm)

Figure 4.18. Comparison of the specific fuel consumption (g/kWh) for a four-cylinder
naturally aspirated and turbocharged direct injection diesel engine
(the same DI engine as in Fig. 4.2). Adapted from Hahn (1986).

The main disadvantage of turbocharging is turbo-lag, due primarily to the inertia of the turbo-
charger. Turbo-lag can be minimized by the following:

a. Using ceramic rotors

b. Undersizing the turbine and using a waste-gate
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Figure 4.19. Comparative specific fuel consumption of a turbocharged and naturally
aspirated engine scaled for the same maximum torque (Stone, 1999).

c. Replacing a single turbocharger with two smaller units

d. Employing an additional energy input: Hyperbar, with an auxiliary combustion chamber,
or a Pelton wheel driven by a lubricating oil jet, or electrically

e. Minimizing the manifold volumes

Turbo-lag is more significant with spark ignition engines because they have the following
characteristics:

a. A lower inertia and an intrinsically faster response
b. A wider flow range because of their wider speed range and throttling

Undersizing the turbocharger and using a waste-gate is a popular means for reducing turbo-
lag, with the additional benefit that it helps to limit the maximum cylinder pressure. Figure 4.20
shows how the boost pressure is sensed, and when it rises above a value (as determined by the
spring loading and diaphragm area), some of the exhaust flow is permitted to bypass the
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Figure 4.20. Waste-gate control of the compressor boost pressure.

turbine. This stops the turbine overspeeding and limits the boost pressure from the compressor.
The waste-gate is a simple flap valve incorporated into the turbine casing. (It must operate
red hot. It does not matter if it leaks a bit, but it must not jam.)

4.6 Diesel Engine Management Systems

The engine management system shown in Fig. 4.21 is for a turbocharged engine using the
Delphi EPIC system, which is based around an electronically controlled rotary fuel pump
(Bostock and Cooper, 1992). The sensors and actuators are as already discussed in Section
3.7.2 for spark ignition engines.

For every engine operating condition (starting, idling, speed limited by the governor, provid-
ing engine braking, and so forth), sets of rules determine the required fueling (quantity and
timing) and the EGR level, as a function of load and speed. Figure 4.21 shows that the EGR
valve and the air throttle are operated by vacuum actuators, with a feedback signal telling the
ECU their positions. The vacuum is generated by the vacuum pump for the braking servo, and
the vacuum signal level is adjusted by controlling the on-to-off ratio of a pulsed solenoid
valve that switches between the vacuum and atmospheric pressure. This system ensures
accurate positional control of the EGR valve. The EGR valve position correlates well with
the EGR level; thus, it is not necessary to have a direct measurement of the EGR. However,
it is necessary to ensure that the EGR calibration does not drift with engine condition. The
effect of faults such as a blocked air filter, wear on the engine (reducing its volumetric effi-
ciency), a restricted exhaust system, and deposits in the EGR system all should be reviewed.

Such a study was undertaken by Lancefield et al. (1996) using a system modeling approach to
model the dynamic response. When the model had been verified with experimental data, it
was used to investigate different engine management system strategies. The favored engine
management system strategies were then tested on the engine.



Diesel Engines I 173

-—

1 Electronic control unit (ECU) 11 Manifold absolute pressure (MAP) sensor
2 Fuel tank 12 Air charge temperature (ACT) sensor

3 Fuel lift pump 13 Engine coolant temperature (EC) sensor
4 Fuel filter 14 EGR vacuum flow regulator

5 Fuel injection pump 15 Exhaust gas recirculation (EGR) valve

6 Injection nozzles 16 Engine speed sensor

7 Air cleaner 17 Accelerator pedal position sensor

8 Turbocharger 18 Power hold relay

9 Throttle plate 19 Engine management system lamp

10 Crossover duct 20, 21 Self test connectors

Figure 4.21. A diesel engine management system.
Courtesy of Ford Motor Company.

Figure 4.22a shows a typical start of injection timing map. In general, the injection is more
advanced as the speed and load are increased. However, there are additional rules, so that
when the coolant is cold, the injection is more advanced. There are also five different maps
for ambient temperatures in the range —20 to +60°C (-4 to 140°F). In the normal driving
mode, the fuel injected is the minimum of the following:

1. That signaled by the driver demand
2. The maximum allowed by the preset torque curve, or
3 The maximum allowed by the density of the air in the inlet manifold

The air density is calculated from the manifold absolute pressure and temperature, and it was
found always to be known to an accuracy of better than 3%, thus not needing an air mass
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Figure 4.22. Typical (a) start of injection timing and (b) EGR level maps for the Ford 2.5
HSDI turbocharged diesel engine. Courtesy of Ford Motor Company.
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flowmeter. The fueling is limited when there is a lower than expected boost pressure, such as
high-altitude operation, a turbocharger fault, or rapid engine acceleration. If the waste-gate
should fail in a closed position, the maximum fueling is limited by the pre-set torque curve, to
avoid the engine combustion pressures rising too high.

Exhaust gas recirculation is a well-established method of controlling NOx emissions (Section
4.2.2), and the Ford HSDI engine was the first application in which cooled EGR was used.
Figure 4.22b shows the EGR schedule, with up to half of the air being replaced by EGR at
light loads. The intake throttle valve (after the compressor) is needed to generate a sufficient
pressure differential at low loads to achieve sufficient flow of the exhaust gases. At speeds
above 1500 rpm with zero fuel delivery (corresponding to engine braking), the EGR level is
set to zero. This fills the intake system with air because engine braking frequently is followed
by a need for acceleration. If EGR had been applied, there is a possibility of over-fueling
because it takes a finite time for the EGR to be eliminated from the inlet manifold.

Two features not shown in this engine management system are the start of injection sensors
and the control of heater or glow plugs. As explained in Section 4.2, some engines use glow
plugs or heater plugs to facilitate starting and to reduce the ignition delay in a cold engine (to
give quieter combustion). The engine management system thus can tell the driver when it is
time to start cranking the engine after turning on the heaters, and it also can control their use
during engine warm-up.

A start of injection sensor can be used with a distributor-type fuel pump (Section 4.3.1 and
Fig. 4.4) to provide a feedback signal to the start of injection actuator. Start of injection
sensors have been made using Hall effect sensors (in which a magnetic field is used to switch
a semiconductor), and only one cylinder may be sensed. A more fundamental measurement
would be the start of combustion, because this would allow for changes in the fuel quality
(e.g., its cetane rating) or engine condition or operation (e.g., ambient or coolant tempera-
ture). Toyota used an optical start of combustion sensor in an IDI engine (Takata et al., 1987),
but these sensors have not been generally used because of either cost or durability issues.

4.7 Concluding Remarks

Despite increasingly stringent emissions legislation, diesel engines have increased their spe-
cific output significantly, and there have been useful improvements in fuel economy. Another
trend with diesel engines has been for them to be made smaller. Because it is difficult to make
injectors smaller than a certain size, this limits the minimum bore diameter. The 1.2-liter
direct injection diesel used by Volkswagen in the Lupo (which has achieved a fuel consump-
tion below 3 L/100 km on the European MVEG drive cycle) has three cylinders of 88-mm
bore (Ermisch et al., 2000). The performance map in Fig. 4.23 shows that a bmep of greater
than 16 bar is achieved in the speed range 1750 to 2750 rpm, and there is a minimum bsfc of
205 g/kWh (corresponding to an efficiency of 42%). These fuel consumption data have
already been used in plotting Fig. 4.23.



176 Automotive Engineering Fundamentals

20

18

16

b i/ N

12
/)

ANL
'2310 240\ bsfc

1'\ /7
8/

bmep (bar)

10
) (// r= )(/L/ 7)%50 (o)
N //‘( PEE
Pt
. o~ 1 ]
N ]
= SSk
— 700

1000 150